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Abstract

In this thesis, a type of pin joint, namely Bondura Expanding Pin System (EPS) is subject of study
which has ability to create a rigid and reliable connection. This joint system is specially designed for
heavy duty machines where excessive loading to the pin can cause damage to the joint components
and create slack in the connection that often leads to malfunctioning in the machine.

This research concentrates on two concepts; stress analysis of the EPS and optimization of it. To
achieve these goals, combination of analytical, experimental and Finite Element Analysis (FEA) are
carried out. The available formulas for different parts of EPS are investigated. For assessing validity
of formulas available in literature for interaction between conical pin-sleeve, a FEA is performed us-
ing Abaqus/CAE software. Bondura sleeve which is an expanding (split) sleeve has four cuts that one
of them is a complete cut (cut-through). The comparison of the results show that existing formulas
can be used for initial prediction of stresses and pressure in EPS with good precision.

The experimental job is conducted in order to find out stress level and distribution in the equip-
ment support. For this purpose, a thick cylinder was manufactured as test boss and in several lo-
cations along its outer surface, induced strains were measured while EPS joint was subjected to
fastening torque of screws. Comparison of results of the conducted FEA and experimental values
for stress state in the test boss are in good agreement. The effect of friction and expansion of sleeve
on stress state of test boss is analysed comprehensively in the experimental part of this study. More-
over, a FEA is implemented for parametric study of friction. A relationship between maximum von
Mises in the test boss and friction coefficient is extracted regarding the fastening torque of 200 N m.

After carrying out stress analysis on EPS and verification of the FE model, the optimization pro-
cess was implemented in order to find a shape which creates a lower stress state in the joint com-
ponents while preserving enough pressure or radial stress to ensure suitable clamping force in the
joint. The optimization result provided a profile for tapered section of pin-sleeve mating surface.
The optimised profile needed some modifications to make it applicable in joint assembly. FE re-
sults show that for the new optimised shape, applying lower amount of fastening torque to EPS can
provide the same radial pressure and clamping force in the test boss.

Finally, a FE parametric study was carried out on angle of taper of pin-sleeve mating section
to quantify the best angle. The obtained results show that the current angle of taper of Bondura
EPS which is 12° is the most suitable angle since it creates considerable amount of radial stress and
consequently clamping force in the equipment support.
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1
Introduction and Background

1.1. Background on Expanding Pin System
A pin joint is a type of connection between two objects that provides only relative rotation about a
single axis. All translations as well as rotations about other axis are prevented and it is considered a
1 Degree of Freedom (DoF) system. In kinematics a pin joint is formally called a revolute joint and
when analyzing motion in two dimensions may also be referred to as a pivot point or as a hinge. A
pin joint has many applications in oil and gas, lifting, heavy machinery and other industries.

A pin joint is always susceptible to wear and tear due to slip of bare metals on each other re-
gardless of greasing time intervals. When wearing happens in support holes it requires restoring the
holes to their original diameter and tolerance. The pivot joint has direct impact on the functioning
of the machine and when it wears out the machine no longer performs properly and results in need
for repair to avoid failure. A pivot point is manufactured to be inserted through support holes with
a bushing or bearing housing. The support holes are usually just a little bit larger than the pin di-
ameter to prevent slack, because increased diameter difference increases slack and movements of
the pin. After inserting the pin, it is secured in place on one side to prevent from falling out.

The contact surface area between the pin and the support hole is a narrow rectangle where the
width of this rectangular contact surface depends on the support thickness, on the diameter tol-
erances of the pin and the support bore, and the loading of the pin. Reduced tolerances result in
a wider contact surface which means for a definite loading the stress will decrease. As a rule, for
installation and retrieval purposes, bigger tolerance is an advantage, but for operational purposes a
smaller tolerance is needed. Most often the material of the pin is a harder material than the support,
so the support hole will begin to wear out by enlarging the diameter of the support holes where the
pivot is no longer stable and it leads to malfunction and danger in working environment. One of the
traditional solutions in industry is installing a liner which is expensive and time consuming.

Figure 1.1: Bondura® EPS [1]

The expanding pin system (EPS) shown in Figure 1.1 is a
pivot pin assembly with a high superiority for substitution of
old pivots.EPS is a perfect solution for pin-support slack prob-
lem. In the EPS both ends of the pin are tapered and a pair of
expansion sleeves are fitted at both ends of the pin followed
by washers or securing element. In the EPS as the elements
are tightened the expansion sleeves are forced over the tapered
ends of the pin creating a wedge pressure between the pin and
the support holes which locks the EPS into the pivot. This sys-
tem eliminates the wearing process. Since expanding pin is
secured from both sides it provides greater safety. The joint
components of Bondura® EPS is shown in Figure 1.2.

1



1.1. Background on Expanding Pin System 1. Introduction and Background

Figure 1.2: Bondura® EPS joint components

EPS locks the pin assembly to the equipment supports and hence prevents any relative move-
ment between these two and it a big advantage comparing with “normal” cylindrical bolts. When
torque is applied to the pin assembly, the sleeve expands radially until it locks to the support of the
equipment. By preventing the relative movement consequently any tear, wear or ovality problems
is prevented in the equipment supports which means avoiding repair expenditures.

Another advantage of EPS is providing larger contact area which means reduction of local stress
experienced by supports. When torque is applied to the EPS and it is locked inside the support hole
the contact area will be 360o while this does not occur for standard bolts. The stress distribution
around Bondura EPS and a conventional pin is shown in Figure 1.3. When external loading is ap-
plied to joint, the contact area will be 180o in pulling or pushing sequences which is in total a greater
contact area. For heavy machinery the contact pressure between the PIN assembly and the support
wall can cause design limitations more than the shear or combined stresses in the PIN itself which
means by having a larger contact area, the local stress distribution would become more uniform.

Figure 1.3: Stress distribution around (left) Bondura pin with zero tolerance after tightening, (right) standard pin

Expanding Pin System has the advantages of simple structure, good centering and providing
more uniform stress distribution on support lugs and hence is perfectly fitted for various types of
machinery and equipment. By applying torque to the fastening screws of the system, the sleeve
expands and applies a compression force between surfaces including sleeve-pin, sleeve-support
bore and sleeve-end plate. The locking principle works based on friction between these surfaces
and the amount of compression stress created in these parts after tightening the fastening screws.
A similar concept is found in transmission shafts where an expansion pin is used in mechanical
press and hot die forging press [6]. One of the important aspects of EPS is the amount of preload
applied to the screws. If tightening or even retightening force is too large, the corresponding contact
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1.2. Recent Studies on Expanding Pin System 1. Introduction and Background

surfaces would experience permanent plastic deformation to the expansion sleeve and the ends of
the pin, the result is not only make the component hard to be disassembled, even makes the stress
distribution nonuniform. Therefore in the process of the EPS design, special consideration should
be dedicated to the sleeve thickness and slit width, but also the optimum contact length and contact
stress for different rated torque are crucially important.

1.2. Recent Studies on Expanding Pin System
The subject of stress analysis of an expanding pin assembly has not attracted so much attention and
previous master theses of Berkani [7] and Akhtar [8] will be used as main sources for this study.

Berkani in his master thesis, studied the stress applied to the support both experimentally and
numerically. His experimental work was performed with the use of a test boss that acted as the host
support. By installing strain gauges on four different points on circumferential of the test boss, he
manged to read the strains created during tightening of the assemblies’ screws. He did the expei-
ment on two Bondura 6.6 assemblies with 88.9 and 120 mm diameters. Catman software coupled
with reading and registering the strain gauges provided him radial stresses in his experiment. He
performed the stress measuring in normal and temperatures up to 60oC. For numerical analysis,
Berkani used Ansys software to analyse stress distributions and magnitude in steps defined for in-
serting preload on screws. He carry out the FEA from low temperatures −40oC up to 60oC. He also
considered the model of test boss both with a free (similar to experimental test) and a fixed bound-
ary conditions. His FEM results show that in the case the test boss is fixed, a better stress distribution
is observed.

Akhtar [8] in his thesis analyzed the related factors to maximum possible preloads of the bon-
dura EPS and the relationship between applied torque level and preload. He also did a comparison
between bondura EPS and standard bolts in terms of preload capability and to some extent investi-
gated the loss of preload due to plastic deformation (microasperities).

Based on the previous studies it could be concluded that there is still need for more study and
investigation on stress distributions and interaction between different parts of the EPS assembly
specially for stress created after applying torque on fastening screws and the effect of movement or
better to say slip of the sleeve on the conical part of the pin. By applying torque to the screws of the
end plate, the expanding sleeve will move forward on the pin and at the same time it will expand.
Obviously, existence of slits allow more expansion of the sleeve. Since the sleeve is embedded be-
tween pin and the support hole, its expansion is restricted and part of its energy will be dissipated.
A similar study has been done by Andrzejuk et. al. [2] where they analysed a conical sleeve with
pivot joint under axial loading. In their study, they evaluated energy dissipation between cooper-
ating surfaces of a friction pair theoretically and also they included structural friction, elastic and
frictional effects by taking into account the Lame’s problem. An illustration of their conical sleeve
with pivot and the experimental layout are shown in Figure 1.4.

It is necessary to have a clear understanding about stress state in the expanding joint system to
conduct the optimization process precisely and correctly. When the fastening screws are tightened
and the pin is locked, a type of residual stress is created in cut sleeve, pin and internal part of the
support lug. This residual stress will affect the strain response and stress distribution of engaged
parts when they undergo machine loading.

1.3. Objectives
One of the objectives of this thesis is to setup an experiment to measure and obtain strains and
stresses between the equipment support and Bondura EPSΦ88.9. These stresses are created due to
fastening torque of the screws and loads on the conical ends of the pin. The evaluation of validity
of the mathematical model of Ref. [2] for a cut sleeve is another question since these formulas are
applicable for a perfect sleeve, but the sleeve in Bondura EPS is not perfect and has four cuts which
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1.4. Thesis Structure 1. Introduction and Background

(a) Design of the experimental model of a sleeve-pivot friction joint
(decomposed system): 1 – lower pressure plate grip, 2 – upper grip,

3 – pivot, 4 – sleeve

(b) Fastening of the tested model and an overview of its
components: 1 – sleeve-pivot, 2 – extensometer type Ext 26,

3 – extensometer type Ext COD; 4, 5 – upper and lower
gripping jaws of the MTS testing machine, 6 – steady pin, 7 –

programmer

Figure 1.4: Conical Sleeve and pivot pin [2]

one of them is a complete cut (cut-through). Moreover, developing a finite element (FE) model for
finding strains and stress distributions of the EPS components is another goal of this thesis.

The final objective of the thesis is optimizing Bondura EPS Φ88.9. The results of FEA are useful
tool for implementing structural optimization process.

Briefly, this thesis is focused on stress analysis of EPS and in addition, establishing a methodol-
ogy for structural optimization of the joint assembly.

1.4. Thesis Structure
The remaining part of the thesis is structured as follows:

Chapter 2 Theoretical Analysis - gives a detailed view referred to different mechanisms that exist
in EPS including screw threads, interaction of conical pin-sleeve and thick cylindrical shells related
to sleeve-support interaction.

Chapter 3 Experimental Study - gives an explanation of the test setup and steps carried out to
obtain strains in a test boss resembling the equipment support. The effects of friction and expansion
of sleeve are studied in detail. The findings of the experimentation are discussed.

Chapter 4 Finite Element Analysis - explains the FE procedure adopted in this thesis to model
Bondura EPS in the FE software Abaqus. Modelling procedure, assumptions, simplifications and
limitations for FEM are mentioned in this chapter.

Chapter 5 Comparison of the Results - provides a comprehensive comparison between numeri-
cal results with FE results for conical pin-sleeve interaction and comparison between experimental
results with FE results for test boss. In addition, the results of a parametric study on the effect of
friction coefficient is explained.

Chapter 6 Optimization - explains the methodology for shape optimization of the pin, particu-
larly the angle of taper at the ends of the pin.

Chapter 7 Conclusion and Recommendations - provides a summary about subjects studied in
this thesis and findings. In addition, some issues which require more research and investigation are
suggested for future works.
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2
Theoretical Analysis

In this chapter, concepts and basics for theoretical analysis of an Expanding Pin System (EPS) are
subjects of study. Bondura EPS can be divided into three different parts, threaded part of joint which
consists of fastening screws, expanding part which includes the interaction between conical sleeve
and pivot pin and interaction between sleeve and support bore. These three different mechanisms
are described in the following sections separately.

2.1. Threaded Part- Screws
There has been tremendous number of innovations in the fastener field over time. Designers can
benefit from an overwhelming variety of fasteners available for selection. Screw threads are one of
the most familiar mechanisms in the world with different applications and they are used practically
in every machine in some way or another.

Basically, a screw thread is a long wedge with a triangle shape cross section which is wrapped
tightly around a cylinder or in the case of tapered threads around a cone with each wrap of the
wedge snug against the previous wrap. The wedge follows a path in the shape of a helix.

A wedge uses the mechanism of an inclined plane to convert the force at its blunt end to force
perpendicular to its inclined surface which makes it very useful in different applications like lifting
of heavy objects. Screw threads work based on wedge mechanism with this difference that they con-
vert rotational force into linear force along the longitudinal axis of the cylinder. This mechanism in
screw threads is used to assemble components by driving an external thread into an internal thread
and then wedging between them. Before going through analysis of this mechanism, it is necessary
to indicate the terminology of screw threads which is illustrated in Figure 2.1 whose dimensional
parameters are explained as follows [3];

Pitch is the distance between adjacent thread forms measured parallel to the thread axis.
Major diameter d is the largest diameter of a screw thread.
Minor or root diameter dr is the smallest diameter of a screw thread.
Pitch or mean diameter dm is the theoretical diameter between the major and minor diameters.
Lead l , not shown in figure, is the distance the nut moves parallel to the screw axis when the nut

is given one turn. For a single thread, the lead is the same as the pitch.
Thread angle 2α is the angle between the thread flanks.
Crest is the top most point or surface of a thread.
Root is the bottom of the groove.
In Bondura EPS, screws are used to fasten the end plate to the joint assembly. When the screws

are tightened, they create an axial load applied to the conical sleeve resulting in pushing and ex-
panding the sleeve and it locks the joint. The mechanism of applied torque and preload or axial
load in the joint will be described at the rest of this section.
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Figure 2.1: Terminology of screw threads [3]

The shape of threads in a screw is different and it can be square, ACME or v-shape. In Figure
2.2a, a square-threaded power screw is subjected to axial load F. λ and ψ are the lead and helix
angles, respectively. The force required to raise load F is defined as PR (Figure 2.2b) and the required
force for lowering this load is defined as PL (Figure 2.2c). Both of these forces can be determined
by writing equilibrium equations regarding this fact that friction force acts to oppose motion. The
equilibrium equations for raising the load are:∑

FH = PR −N si nλ−µN cosλ= 0∑
FV = F +µN si nλ−N cosλ= 0

(2.1)

In a similar way, for lowering the load, there are,∑
FH =−PL −N si nλ+µN cosλ= 0∑

FV = F −µN si nλ−N cosλ= 0
(2.2)

where N is the normal force and it is in fact the force that surfaces exert to prevent solid objects
from passing through each other. f is friction coefficient. By eliminating N from first equation, the
amount of force for raising the load is obtained as,

PR = F (si nλ+µcosλ)

cosλ−µsi nλ
(2.3)

and for lowering the load,

PL = F (µcosλ− si nλ)

cosλ+µsi nλ
(2.4)

By dividing the numerator and the denominator of these equations by cosλ and using relation
tanλ = l/ π dm the following equations are resulted,

PR = F [(l/πdm)+µ]

1−µl/πdm
(2.5)

PL = F [µ− (l/πdm)]

1+µl/πdm
(2.6)

Now, considering that the torque is the product of the force (whether it is for raising force, PR ,
or lowering force, PL) and the mean radius dm/2, the torque for raising and lowering the load is
obtained as,

TR = F dm

2
(

l +πµdm

πdm −µl
) (2.7)
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(a) Schematic of a power screw (b) Raising the load (c) Lowering the load

Figure 2.2: Load mechanism in threads [3]

TL = F dm

2
(
πµdm − l

πdm +µl
) (2.8)

These derived equations are valid for square threads where the normal thread load is parallel to
the axis of the screw. In the case of other type of threads like the V-shape thread shown in Figure
2.1, the normal thread load is inclined to the axis due to the thread angle 2α and the lead angle λ.
Lead angles are very small and hence the inclination due to lead angle can be neglected. Using this
assumption, only the effect of the thread angle is considered in the rest of the calculations. Angle α
which is half of the thread angle increases the frictional force by the wedging action of the threads. It
means the frictional terms in Eq. (2-7) should be divided by cosα. For raising the load i.e. tightening
a screw, this yields

TR = F dm

2
(

l +πµdm secα

πdm −µl secα
) (2.9)

Eq. (2-9) gives an approximation for raising torque since the effect of the lead angle has been
neglected.

In power screws, a third component is needed to carry the axial component and it is called
thrust or collar bearing. In case of screws used in EPS, screw head acts like the collar and helps to
create more axial load to end plates. If we consider the mean diameter of collar as dc and its friction
coefficient as µc , then the required torque for creation of axial load F is

Tc = Fµc dc

2
(2.10)

The amount of preload in joints is very important and it is directly related to torque applied to
the screws. If the preload of a screw is beyond its strength, it can cause plastic deformation in the
screw or in a worse case, the screw would be cut. For a bolt, its elongation due to the preload Fi

can be computed based on the formula δ = Fi l / A E. When the nut is tightened, the value of bolt
elongation can be measured by a micrometer or a caliper and tightening will be continued until the
respective value of preload is achieved. Usually measuring the elongation of a screw is not possible,
because the threaded end is inside a blind hole. There are some methods which provide opportunity
for this measurement like using a wrench torque, pneumatic-impact wrenching, or the turn-of-the-
nut method.
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Figure 2.3: Typical stress-strain diagram for bolt materials [3]

Even though the coefficients of friction may vary widely for contact surfaces between screw
threads and threads of joint component, we can obtain a good estimate of the torque required for a
specified preload by combining Eqs. (2.9) and (2.10):

T = Fi dm

2
(

l +πµdm secα

πdm −µl secα
)+ Fiµc dc

2
(2.11)

Eq. (2.11) can be rewritten based on angle of wedge of the screw λ, then it gets the following
form,

T = Fi dm

2
(

t anλ+µsecα

l −µt anλsecα
)+ Fiµc dc

2
(2.12)

The diameter of the screw head is approximately 1.5 times the nominal size of it. Therefore the
mean collar diameter dc = (d + 1.5d)/2 = 1.25d . Thus, Eq. (2.12) can now be arranged to

T = [
dm

2d
(

t anλ+µsecα

l −µt anλsecα
)+0.625µc ]Fi d (2.13)

The term in brackets can be defined as torque coefficient K and so

K = dm

2d
(

t anλ+µsecα

l −µt anλsecα
)+0.625µc (2.14)

Eq. (2.13) can be written as

T = K Fi d (2.15)

The coefficient of friction depends upon the surface smoothness, accuracy of roughness mea-
surement, and degree of lubrication. On the average, both µ and µc are about 0.15. The interesting
fact about Eq. (2.14) is that K = 0.20 for µ = µc = 0.15 and it is independent of screw size and whether
the screw threads are coarse or fine.

In order to be able to use a screw for several times, it is required to specify the the amount of
pretension before the screw experiences plastic deformations. There are several guidelines about
how much pretension is probably appropriate to apply to a screw. One of the guidelines is related to
the strength of the screw. Figure 2.3 shows the stress-strain diagram of a good-quality bolt material
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Figure 2.4: Interaction of conical pin-sleeve

which is applicable for screws. The shape of the diagram is different with conventional stress-strain
diagram for steels, because the bolt has been exposed to cold working or other similar strengthen-
ing processes and therefore the region of plastic deformation has become smaller. Also there is no
clearly defined yield point and the diagram progresses smoothly up to fracture corresponding to the
tensile strength. This means the bolt or screw will retain its load-carrying capacity regardless of how
much preload is given to it. This is what keeps the screw tight and determines strength of the joint.
The pre-tension can be considered as the “muscle” of the joint and its magnitude is determined by
the screw strength. It is recommended for both static and fatigue loading that the amount of preload
be around 0.75Fp [3] where Fp is the proof load and can be obtained from the relation Fp = At Sp .
This preload is valid for non-permanent connections and reused fasteners. At is called the tensile
area and it is in fact the cross sectional area of the screw with diameter equal to root diameter, dr ,
and Sp is the proof strength and a good approximate for its value is SP = 0.85Sy where Sy is the yield
strength of the screw material. There are other recommendations for applying torque to the screws
as a control value of the fastener tension which can be selected to be 0.60 of the fastener proof load
[9] that ensures safe elastic region for functioning of the screws.

2.2. Expansion Part
In this section, stress analysis related to interaction of conical sleeve and pivot pin is studied. The
ends of the pivot pin is tapered as the inside part of the conical sleeve. When the screws of the
Bondura EPS is tightened, the end plate pushes the sleeve and makes it advance and expand simul-
taneously. A 3D schematic of sleeve-pin is shown in Figure 2.4. Bodura conical sleeve is actually an
expanding sleeve type and its four slits gives it better capability to expand and advance which makes
the locking operation happen with lower axial force. The stress analysis of sleeve-pin provided in
this section is limited to a sleeve without slits.

Generally the static analysis of different types of interacting joints can be carried out by investi-
gation of displacements in an external loading function. A simplified model of sleeve-pin assembly
loaded by axial force αP is shown in Figure 2.5. αP is a representation of preload of screws where 0
< α < α1 and an assumption has been made that α1=1.

In order to derive stress relationships, a section with height δx is set for analysis. Theoretical
considerations have been taken for both the conical sleeve and pivot pin. The mathematical mod-
eling is developed by Andrzejuk et.al [2] and here the case realted to loading of the sleeve-pin section
is provided. The external radius r0 of the joint section shown in Figure 2.5b can be written as

r0 = R −xt anβ (2.16)

In the section of the investigation of sleeve-pin joint, the equation of force equilibrium is

∆σ1x F1 =∆σ2x F2 →∆σ2x = r 2
0

r 2
z0 − r 2

0

∆σ1x (2.17)
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(a) Sleeve-pivot joint (b) Section of sleeve, pivot pin and displacement scheme

Figure 2.5: Physical model of sleeve-pin

where F1 and F2 are the related to the fields of the cross sectional area of the sleeve-pin section
and ∆σ1x and ∆σ2x are the amounts of increase in normal stresses in the considered section of
sleeve-pin joint. The equations of axial and radial stresses will be derived separately for pivot pin
and sleeve. Thus subscripts 1 and 2 are assigned to pivot pin and sleeve, respectively.

2.2.1. Considerations for the pivot section
The equation of equilibrium in the x-axial direction can be written as follows regarding projection
of forces,

−σ1xπr 2
0 −µpcosβ2πr0

∆x

cosβ
−psi nβ2πr0

∆x

cosβ
+ (σ1x +∆σ1x )πr 2

0 = 0 (2.18)

where µ is the coefficient of friction between contact surfaces of the sleeve-pin joint. By solving
Eq. (2.18) for p, the pressure for the contact surface joint can be obtained which is dependent on
increase of stress in pivot pin due to axial load,

p = ∆σ1x

∆x

r0

2(t anβ+µ)
(2.19)

The equilibrium equation acting in the pivot pin section in the radial or y-direction is

(−σ1r +µpsi nβ−pcosβ)2πr0
∆x

cosβ
= 0 (2.20)

By substituting p from Eq. (2-19) in Eq. (2-20), the radial stress in pivot pin section gets the form
of following equation

σ1r = −r0cosβ(1−µt anβ)

2(µ+ t anβ)

∆σ1x

∆x
(2.21)

Since the sleeve-pin system is symmetric in the different directions of x, y and z, and in accor-
dance to Hook’s law, the following strain and stress relations are valid

σ1z =σ1y =σ1r ε1z = ε1y = ε1r ε1z = 1

E1
[σ1z −ν1(σ1x +σ1y )] (2.22)

Taking into account the above equation, pin radial strain takes the form
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(a) A section of sleeve (b) Stresses in a section of sleeve (c) Radial expansion in sleeve

Figure 2.6: Radial stress and displacement in the sleeve section

ε1r = σ1r (1−ν1)

E1
− ν1σ1x

E1
(2.23)

where ν1, E1 are Poisson’s ratio and Young’s modulus of the pivot section. As a result of the
interaction of sleeve-pin, the pin section experiences a radial deformation and consequently its
radius changes. The absolute value of the radial displacement can be described after substituting
formula (2.21) into equation (2.23) and this substitution yields

∆r01 = ε1r r0 =
−r 2

0 cosβ(1−µt anβ)(1−ν1)

2E1(µ+ t anβ)

∆σ1x

∆x
− ν1r0σ1x

E1
(2.24)

2.2.2. Considerations for the sleeve section
By evaluating stresses acing on the respected section of the conical sleeve, the equilibrium equation
in axial direction takes the following form

−σ2xπ(r 2
z0 − r 2

0 )+µpcosβ2πr0
∆x

cosβ
+psi nβ2πr0

∆x

cosβ
+ (σ2x +∆σ2x )π(r 2

z0 − r 2
0 ) = 0 (2.25)

By simplifying above equation, an equation equivalent to Eq. (2.19) can be obtained for pressure
per unit at the contact surface joint. The equilibrium equation in y-radial direction is

(σ2r −µpsi nβ+pcosβ)2πr0
∆x

cosβ
= 0 (2.26)

so the radial stress of sleeve appears as

σ2r =−pcosβ(1−µt anβ) = pa (2.27)

As it is illustrated in Figure 2.6, the stress distribution of σ2r and displacements up in the radial
direction can be determined by using Lame’s theorem, so

σ2r = E2

1−ν2
2

(C1(1+ν2)− C2

r 2 (1−ν2)) up =C1r + C2

r
(2.28)

The integration constants in Eq. (2.28) can be determined with the help of boundary conditions
as follows
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σ2r =
{ −pa = pcosβ(1−µt anβ)

0
f or r = r0

f or r = rz0
(2.29)

Then the constants are obtained as

C1 =
(1−ν2)r 2

0 cosβp(1−µt anβ)

E2(r 2
0 − r 2

z0)
C2 =

(1+ν2)r 2
0 r 2

z0cosβp(1−µt anβ)

E2(r 2
0 − r 2

z0)
(2.30)

By substituting Eq. (2.30) in radial stress function of the first formula of Eq. (2.28), a formula
which describes the radial stress in a section of sleeve is derived in the following form

σ2r =
r 2

0 cosβp(1−µt anβ)

r 2
0 − r 2

z0

(1− r 2
z0

r 2 ) (2.31)

Similarly, the radial displacement up which is shown in Figure 2.6c can be determined from the
second formula of Eq. (2.28),

σ2r =
r 2

0 cosβp(1−µt anβ)

E2(r 2
0 − r 2

z0)
[(1−ν2)r + (1+ν2)

r 2
z0

r
] (2.32)

For r = r0 from Eq. (2.19), Eq. (2.32) is transformed to the following form

up |r=r0 =
−r 4

0 cosβ(1−µt anβ)

2E2(r 2
0 − r 2

z0)(t anβ+µ)
[(1−ν2)+ (1+ν2)

r 2
z0

r 2
0

]
∆σ1x

∆x
(2.33)

The displacement ∆ between the contact surface elements of sleeve-pin joint (Figure 2.5b) can
be determined based on expansion of sleeve and deformation of pivot pin which is given by

∆= up |r=r0 −∆r01 = ∆σ1x

∆x
z1 +σ1x

ν1r0

E1
(2.34)

where in the above equation z1 is

z1 =
r 2

0 cosβ

2

1−µt anβ

t anβ+µ [
−r 2

0

E2(r 2
0 − r 2

z0)
(1−ν2 + (1+ν2)

r 2
z0

r 2
0

)+ 1−ν1

E1
] (2.35)

A mutual axial displacement of the conical sleeve and pivot pin joint is expressed as following
formula

u = ∆

t anβ
= ∆σ1x

∆x

z1

t anβ
+σ1x

ν1r0

E1t anβ
(2.36)

By substituting z1 from Eq. (2.35) to Eq. 2.36, the axial displacement gets the following form

u1 = η3(R −xt anβ)2σ′
1x +η4(R −xt anβ)σ1x (2.37)

where

η1 = χ

E2
(1−ν2 + (1+ν2)

r 2
z0

r 2 )+ 1−ν1

E1
η2 = cosβ(1−µt anβ)

2(t anβ+µ)t anβ

η3 = η1η2 η4 = ν1

E1t anβ
χ= 1

r 2
z0

r 2

−1
(2.38)

Based on definition of axial strain which is the derivative of axial displacement with respect to
x, it can be derived using Eq. (2.37) as
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ε1x = du1

d x
= η3(R −xt anβ)2σ′′

1x + (R −xt anβ)(η4 −2η3t anβ)σ′
1x −η4t anβσ1x (2.39)

According to Hook’s law, the relationship between the stresses and axial strain is

ε1x = 1

E1
[σ1x −ν1(σ1z +σ1y )] (2.40)

Taking into account the symmetry condition of the system and using the first formula of Eq.
(2.22), Eq. (2.40) can be rewritten as

ε1x = σ1x

E1
−2σ1r

ν1

E1
(2.41)

After substituting Eq. (2.16) and (2.21) in Eq. (2.41), the axial strain takes the new form as

ε1x = σ1x

E1
+η5(R −xt anβ)σ′

1x η5 = ν1cosβ(1−µt anβ)

E1(t anβ+µ)
(2.42)

by combining the Eqs. (2.39) and (2.42), it results in a homogeneous quadratic differential equa-
tion with variable coefficients which are designated as follows

η3(R −xt anβ)2σ′′
1x +η6(R −xt anβ)σ′

1x −η7σ1x = 0

η6 = η4 −2η3t anβ−η5 η7 = η4t anβ+ 1

E1

(2.43)

By defining a function for axial stress in the form of σ1x = (R −xt anβ)λ and substituting it in Eq.
(2.43), the characteristic equation can be obtained as

λ2 −B4λ−C12 = 0 B4 = 1+ η6

η3t anβ
C12 = η7

η3
t an2β (2.44)

The roots of the characteristic Eq. (2.44) are obtained using the following equation

∆41 = B 2
4 +4C12 > 0 λ9,10 = B4 ±

p
∆41

2
(2.45)

the general solution to the differential equation (2.43)1 may be written in the form of

σ1x =C13(R −xt anβ)λ9 +C14(R −xt anβ)λ10 (2.46)

The integration constants C13 and C14 are determined based on the boundary conditions, there-
fore

σ1x =
{

0
αP
πr 2

f or x = 0
f or x = H

(2.47)

The above boundary conditions result in the following relationships for the integration con-
stants

C13 =−C14Rλ10−λ9 C14 = αP

πr 2(rλ10 −Rλ10−λ9 rλ9 )
r = R −H t anβ (2.48)

The axial stress gets the form of

σ1x =C14[(R −xt anβ)λ10 + (R −xt anβ)λ9 Rλ10−λ9 ] (2.49)

subsequently, the stress derivative is
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σ′
1x =C14t anβ[λ9Rλ10−λ9 (R −xt anβ)λ9−1 −λ10(R −xt anβ)λ10−1] (2.50)

For x = H , the stress derivative becomes as follows

σ′
1x (x = H) =C14t anβ(λ9Rλ10−λ9 rλ9−1 −λ10rλ10−1) (2.51)

Now, based on the obtained results for axial stress and its derivative, it is possible to determine
the axial displacement of the extreme cross section at x = H to the following form dependent on the
external force which was defined as αP

u1(x = H) = αP

πr
(η4 + η3t anβ(λ9Rλ10−λ9 rλ9 −λ10rλ10

rλ10 −Rλ10−λ9 rλ9
) (2.52)

Eq. (2.52) describes the load-axial displacement of the conical sleeve- pivot pin joint. It is nec-
essary to highlight that the sleeve used in Bondura EPS has four slits which are not considered in the
obtained formulas, but it is obvious that due to existence of these slits, the sleeve can expand and
advance more. This matter will be investigated in Chapter of results.

2.3. Sleeve-Support Bore Interaction
In this section the interaction between conical sleeve and inner surface or bore of the equipment
support will be investigated. In this study, the support is replaced with a test boss and the numerical
and experimental studies will be carried out on the test boss which is shown in Figure 2.7a. Due to
expansion action of the sleeve, a radial stress will be induced to the bore of the test boss. Moreover,
axial advancement of sleeve is opposed by friction force between contact surface of the sleeve and
test boss. The friction force has two components including friction coefficient and the force per-
pendicular to the longitudinal axis of the test boss which is actually resulted from the radial stress
of sleeve.

The test boss can be considered as a thick cylindrical shell. A thick cylinder with inner radius a
and outer radius b exposed to internal pressure p1 and external pressure p2 is illustrated in Figure
2.7b. A cylindrical coordinate can be defined by r for radial, θ for circumferential and z for axial
directions. For analysis purposes, a thin cut of thickness d z from the cylinder is considered. The
cylindrical volume element is dr (r dθ)d z. Because of radial symmetry there are no shear stresses act
on the volume element and normal stresses are functions of r only. The nonzero stress components
are principal stresses σr , σθ and σz . The distributions of these stresses through the wall thickness
are determined by the equations of equilibrium, compatibility relations, and stress-strain relations
[10].

Equation of Equilibrium
By neglecting body force components, the equilibrium equations for cylindrical coordinates is

simplified to

r
dσr

dr
=σθ−σr or

d

dr
(rσr ) =σθ (2.53)

Strain-Displacement Relations and Compatibility Condition
The relationships of strain displacement for the thick-walled cylinder are

εr = ∂u

∂r
εθ =

u

r
εz = ∂w

∂z
(2.54)

where u = u(r, z) and w = w(r, z) are displacement components in r and z directions, respec-
tively. Since the test boss is a thick-walled cylinder without end caps, the shear strain components
are zero because of radial symmetry. In addition, it is assumed that εz is constant. Eliminating
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(a) Stress interaction between sleeve-test boss (b) Cross section of thick cylindrical shell

Figure 2.7: Sleeve-test

the displacement u = u(r ) from the first two equations of Eq. (2.54) results in strain compatibility
condition for the thick-walled cylinder as follows

r
dεθ
dr

= εr −εθ or
d

dr
(r εθ) = εr (2.55)

Stress-Strain Relations
The material of the test boss is isotropic and linearly elastic, thus the stress-strain relations
can be written as

εr = 1

E
[σr −ν(σθ+σz )]

εθ =
1

E
[σθ−ν(σr +σz )]

εz = 1

E
[σz −ν(σr +σθ)] = const ant

(2.56)

where E and ν denote the modulus of elasticity and Poisson’s ratio of the test boss, respectively. By
substituting the first two equations of Eq. (2.56) in Eq. (2.55), a relationship between σr , σθ σz

and their derivatives are found. Using the assumption that εz is constant, the last formula of Eq.
(2.56) can be used to indicate the derivative of dσz /dr in terms of the derivatives of σr and σθ. This
expression helps to eliminate dσz /dr from Eq. (2.55) and makes this equation dependent onσr ,σθ
and their derivatives. Eq. (2.53) can be used to eliminate σr -σθ, because the undifferentiated terms
inσr andσθ occur in the form ofσr -σθ. Thus, the following differential expression can be extracted

d

dr
(σr +σθ) = 0 (2.57)

Integration of Eq. (2.57) yields the following result

σr +σθ = 2C1 (2.58)

where 2C1 is integration constant and for simplicity of form in subsequent expressions, the fac-
tor is considered in the equation. Elimination ofσθ from Eqs. (2.53) and (2.58) leads to the following
expression based on σr
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d

dr
(r 2σr ) = 2C1r (2.59)

Integration of Eq. (2.59) results in

σr = (1− a2

r 2 )C1 + C2

r 2
(2.60)

where the integration is carried out from the inner radius a to the radius r . C2 is a second inte-
gration constant. Substituting Eq. (2.60) into Eq. (2.58) gives the expression for σθ as

σθ = (1+ a2

r 2 )C1 − C2

r 2
(2.61)

The integration constants C1 and C2 can be determined based on the boundary conditions.
Considering the loading of the test boss, it is subjected to internal pressure of σr = -p at its inner
surface, r =a, and since there is no external pressure acting on its outer surface, it means σr = 0 at
r =b which results in the following values for the constants

C1 = pa2

b2 −a2 C2 =−pa2 (2.62)

By substituting the constants of Eq. (2.62) in Eqs. (2.60) and (2.61), the stress components in
radial and hoop directions are obtained as

σr = pa2

b2 −a2 (1− b2

r 2 ) (2.63)

σθ =
pa2

b2 −a2 (1+ b2

r 2 ) (2.64)

The test boss does not have any movement in axial or z-direction. The outer surface of the test
boss experiences no force, but its inner surface is exposed to friction force created by outer surface
of the conical sleeve. Overall equilibrium of forces in the axial direction requires∫ b

a
σz 2πr dr =µN (2.65)

In Eq. (2.65), N is the force perpendicular to the inner surface of the test boss and it is created by
expansion of the conical sleeve. Therefore, the stress component in axial direction for inner surface
of the test boss takes the form of

σz = µN

π(b2 −a2)
(2.66)

By setting up an experiment and measuring the hoop strain on the outer surface of the test boss,
it is simple to obtain all stress components on the inner and outer surfaces of the test boss. It is very
useful to know the stress components on the inner surface of the test boss, because it resembles
the inner surface of the equipment support and this can provide useful information about existing
stresses in the bore of the support which act as the residual stresses. This matter can have effect on
lifetime of the equipment support and knowing this can improve evaluations on equipment struc-
tural response. By having the hoop strain on the outer surface of the test boss and using the second
formula in Eq. (2.56) and also considering that both σr and σz are zero at r =b, the hoop stress can
be found by the following equation

σθ(ext ) = Eεθ(ext ) (2.67)
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After finding the hoop stress, Eq. (2.64) can be used to find the magnitude of internal pressure
(for r =b)

σθ(ext ) =
2a2

(b2 −a2)
p (2.68)

Finally, by having the internal pressure, all stress components which act on the internal surface
of the test boss can be calculated (for r =a)

σr (i nt ) =−p σθ(i nt ) =
b2 +a2

(b2 −a2)
p σz(i nt ) = µN

π(b2 −a2)
(2.69)

In Eq. (2.69), N is actually the radial force created by expansion of the sleeve and it can be
calculated by considering internal pressure multiplied in internal surface of the test boss as

N =σr (i nt ) A =σr (i nt )(2πaL) (2.70)

where L is the length of the test boss. By substituting Eq. (2.70) in the third formula of Eq. (2.69),
the internal axial stress of the test boss is found in the following form

σz(i nt ) = 2µaL

b2 −a2σr (i nt ) or σz(i nt ) =− 2µaL

b2 −a2 p (2.71)

The internal axial stress is negative since it is in negative direction of z-axis and it has a com-
pressive characteristic.

2.4. Evaluation of Failure
There are several theories which have been formulated and tested and provide today’s accepted
practices for investigation of failure of material. These theories are categorized into two different
classes including ductile and brittle materials. This classification is based on material strain range
before failure i.e. defined by ε f . If ε f > 0.05, the material is considered as ductile, otherwise the
material with ε f < 0.05 feature is classified as brittle [3].

Since the materials of the joint system are ductile, this section is limited to failure theories for
this class of material. The accepted theories for ductile materials which are generally known as yield
criteria are [3]:

• Maximum shear stress (MSS)
• Distortion energy (DE)
• Ductile Coulomb-Mohr (DCM)
At the rest of this section, MSS and DE are investigated.

2.4.1. Maximum Shear Stress
The Maximum-Shear-Stress theory sets the yield limit of the material as a criteria and compares
the maximum shear stress in any element of the material with it. Exceeding this criteria means
beginning of the yielding. The MSS theory is also reffered to as Tresca Theory [3].

The MSS is a conservative theory and it indicates that the maximum shear stress occurs on a
surface 45o from the tensile surface with a magnitude of τmax = σ/2. The maximum shear stress at
yield could be defined as τmax = Sy /2. For a general state of stress with principle stresses ordered
as σ1 ≥ σ2 ≥ σ3, the maximum shear stress is τmax = (σ1-σ3)/2. Thus, the MSS is violated or the
yielding happens when the following condition dominates

τmax = σ1 −σ3

2
≥ Sy

2
or σ1 −σ3 ≥ Sy (2.72)
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Eq. (2-72) helps to find the maximum shear stress and compares it with yield stress to evaluate
the failure condition of the materials. Based on the stress state in the test boss which is σθ(i nt )

≥σz(i nt ) ≥σr (i nt ), then the MSS is the determined by

τmax = σθ(i nt ) −σr (i nt )

2
(2.73)

In the literature, 2 τmax is known as Tr esca stress.

2.4.2. Distorsion Energy
The Distortion-Energy theory considers the yielding at a state where the distortion strain energy
per unit volume reaches or exceeds the distortion strain energy for yield [3]. The distortion-energy
(DE) theory is developed based on observation of ductile material under hydrostatic stress where it
exhibits yield strengths more than values given by the simple tensile test. Thus it was suggested and
accepted that yielding is not a simple tensile or compressive phenomenon and basically it is related
somehow to the angular distortion of the stressed element. The criteria for DE which is derived from
strain energy of the elements of a part and is known as von Mises stress takes the following form for
a three-dimensional stress state

σvonMi ses = [
(σ1 −σ2)2 + (σ2 −σ3)2 + (σ3 −σ1)2

2
]1/2 (2.74)

Therefore, the von Mises stress, σ′, for the test boss is calculated similar to above equation

σvonMi ses = [
(σθ(i nt ) −σz(i nt ))2 + (σz(i nt ) −σr (i nt ))2 + (σr (i nt ) −σθ(i nt ))

2

2
]1/2 (2.75)

In this theory yielding happens when the von Mises stress becomes larger than the material yield
stress. Both MSS and DE criteria will be used in order to evaluate whether the test boss exceeds the
yield limit or not.

2.5. Summary
In this chapter, the EPS has been divided into three different categories including threaded part for
attaching the end plate and squeezing the sleeve, expansion part related to interaction of conical
sleeve-pin and sleeve-support bore interaction which is considered as internal loading of a thick
cylinder. The governing equations for each category have been provided. The equations for thick
cylinder will be used for obtaining stress magnitudes based on measured strains on test boss in
C hapter 3. Further analysis for equations of sleeve-support interaction (in this study, sleeve-test
boss) will be done in C hapter 4 and the results of the related formulas will be compared with Finite
Element Modeling results to evaluate the feasibility of application of these formulas for a sleeve
with slits. In addition, two failure theories for ductile materials have been introduced and they will
be used to investigate the stress state in the test boss.
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3
Experimental Study

In order to investigate and analyse the contact stresses between conical sleeve, pin and the inner
surface of the equipment support, an experimental test has been carried out. Bondura Expanding
Pin System (EPS) is applicable to different heavy machinery, so to evaluate the stress state inside
the equipment support bore, a test boss is designed and built for this experiment. Recording of test
boss external hoop strains created by torquing the fastening screws of the system have been mea-
sured step-wise. HBM strain gauges type LY4-1-5/120 have been used in this experimental study.
An image and also the clarification of each designation in gauge code name are shown in Figures
3.1a and 3.1b. The test is conducted in room temperature and registration of temperature shows a
range of 21.7°C to 23°C. Even though the temperature difference is very low and that may not have
significant effect on reading of strains while running the test according to information in SG cata-
logue (which is provided in Appendix A.1), a compensation method has been applied to test setup
to omit the effect of temperature variations. This method is known as dummy gauge and it is use-
ful when the strain gauge alloy metal is different with the test object material. In this technique, a
dummy gauge which is identical to the active one is installed on an unstrained sample of the same
material as the test specimen [11]. The sample with the dummy gauge is placed in thermal con-
tact with the test specimen, adjacent to the active gauge as it is illustrated in Figures 3.1c. In this
experiment, the dummy gauges are wired into a half-Wheatstone bridge and they are placed near
to the active gauges so that the temperature effects on the active and dummy gauges cancel each
other. The dummy gauges were selected and installed on a similar test ring with the same material
considering the following items recommended by [12];

a) The same gauge type as the active strain gauge is used,
b) They are applied in a spot where they are subjected to the same interference effect as the

active gauges,
c) They are only subjected to the interference effect and never to the quantity to be measured

εM or its side effects.
A strain gauge basically works on the principle of a simple metal conductor wire that tends to

have an impact on its length, cross-sectional area and resistance due to applied stress. In fact, the
resistance of the wire is directly proportional to the length of the wire and inversely proportional to
its cross-sectional area, according to the following equation [4],

R = ρ L

A
(3.1)

where R = resistance of the wire, ρ = resistivity, L = length of the wire and A = area of the cross-
section of the wire. When a force is exerted to an object, it will result in change of dimensions of
the object and this creates strain. This strain causes change in resistance of the gauge which is
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(a) HBM strain gauge type
LY4-1-5/120 (b) Clarification of code name [13] (c) Active-dummy gauge technique

Figure 3.1: Strain gauge types, classification codes and gauging techniques

attached to the object. The relationship between the strain ε (ε = ∆L/L0) and the relative change of
the resistance of a strain gauge is described by [12]

∆R

R0
= kε (3.2)

The factor k which is known as the gauge factor is a characteristic of the strain gauge. The exact
value is specified for each strain gauge by the manufacturer. The gauge factor for gauges used in
this experiment is "2". Therefore, by measuring the resistance change of the strain gauge, the strain
and consequently the created stress in the object can be determined by stress-strain constitutive
equations. The magnitude of change in resistance is quite small when compared to the resistance
of the strain gauge. Thus it is important to measure it accurately to determine the strain precisely.
Wheatstone Bridge Circuit is a competent method o measure this small changes in resistance.

The wiring method used for connecting the wires of gauges to the amplifier can have different
configurations and in this experiment a half-Wheatstone bridge is used. Charles Wheatstone devel-
oped this method to measure unknown resistance values and as a means of calibrating measuring
instruments, voltmeters, ammeters, etc, by the use of a long resistive slide wire. The Wheatstone
Bridge is used to measure very low values of resistances down in the milli-Ohms range.

In the Wheatstone full-bridge shown in Figure 3.2a, two resistors R1 and R2 have the same known
resistance, R3 is the variable resistor and R4 is the unknown resistance [14]. When there is no force
applied to the strain gauge, rheostat is varied and finally positioned in such that the voltmeter will
indicate zero deflection. This condition is called bridge balancing and it represents that there is no
strain on the gauge. On the other hand, If the strain gauge is either tensed or compressed, then
the resistance can increase or decrease. Therefore, this causes unbalancing of the bridge. This pro-
duces a voltage indication on voltmeter corresponding to the strain change. If the strain applied on
a strain gauge is more, then the voltage difference across the meter terminals is more. If the strain is
zero, then the bridge reaches to balance and voltmeter shows zero reading. In bridge balancing con-
dition the following relation is valid and by changing the value of variable resistor R3, the unknown
resistance (R4) could be found

R1

R4
= R2

R3
(3.3)

When two strain gauges are mounted on a measuring object, a half-bridge Wheatstone config-
uration is achieved as shown in Figure 3.2b. The reason is that now half of the four resistors in the
circuit are strain gauges. One of the strain gauges is active and the other one is dummy and this
arrangement compensates strain changes due to temperature changes as the two parts experience
the same temperature.
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(a) Wheatstone bridge (b) Wheatstone half-bridge

Figure 3.2: Circuit configurations [4]

In the test setup of this study, the half-Wheatstone bridge configuration have been applied to 3
pairs of active-dummy gauges and all of them were plugged in to the HBM’s amplifier QuantumX
and then Catman 4.5 software was used for measuring of strains throughout the tests. Based on
half-Wheatstone bridge configuration, the corresponding bridge factor was selected and assigned
to each gauge via Catman 4.5 software.

3.1. Test Procedure
In order to investigate the stress state of Bondura EPS, three different test layouts have been per-
formed, namely 1) non-lubricated sleeve, 2) lubricated sleeve (on both inner and outer surfaces of
the sleeve) and 3) cut-lubricated sleeve. The purpose of doing a test with lubricated sleeve is to
evaluate the effect of friction and to analyse how much of applied torque would be dissipated by
friction. In addition, the point of interest for performing tests on cut-lubricated sleeve is to analyse
how much of the applied torque to the joint system is merely used to expand the sleeve elastically.

A test jig was used in order to resemble the equipment supports and the assembly of the pin
system has been done on this test jig. The test boss was used as one of the supports and the strain
measurements were carried out on the outer surface of it. A schematic of test assembly is shown
in Appendix A.2. In Bondura pin assembly, normally the ends of the pin should be in line with the
outer edges of the supports. Thus, a longer pin was used throughout this experiment to provide
this condition for the test boss. The test boss was restricted to move axially which simulates the real
situation in practice and this was one of the main purposes of conducting this experimentation.
The material of the pin is steel with yield stress of 962 MPa and ultimate tensile strength of 1074
MPa. The material of the sleeve is S355J2+N steel with yield stress of 403 MPa and ultimate ten-
sile strength of 547 MPa. The sleeve has surface treatment with yellow chromatic-zinc passivation
coating. The end plate is made of S355 with similar mechanical characteristics as sleeve, but with-
out any coating. The test boss is S355J2 steel with yield strength of 420 MPa and tensile strength
of 583 MPa. The list of alloying elements of the different materials of the EPS are available in Table
3.1. An illustration of these components are provided in Appendices A.3, A.4 and A.5.

Table 3.1: Alloying elements of EPS material

ElementC Si Mn P S Cr Ni Mo Al V CU CA CEV
% % % % % % % % % % % %

Pin 0.39 0.40 0.80 0.035 0.035 1.7 1.7 0.30 0.012
Sleeve 0.14 0.39 1.23 0.010 0.032 0.21 0.13 0.03 0.05 0.24 0.0049 0.43
Boss 0.13 0.33 1.26 0.008 0.031 0.22 0.18 0.04 0.06 0.2 0.43

Bondura 6.6 Ø88.9 pin system has three M16 screws and by tightening them, the locking mech-
anism of the system is triggered. The recommended torque for this pin system is 160 N m. In order
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to provide a wider view of the joint performance, a torque range between 40 N m up to 200 N m was
applied to the system considering the fact that the screws do not experience plastic deformation
for the highest applied torque. In order to reduce the effect of friction force of screws, installation
manual recommends to lubricate the screws while installing them. The reason for lubrication is
that in many threaded fastener applications, around 90% of the torque is consumed to overcome
the underhead and the thread friction and only 10% of the actual work is usefully translated into
screw tightness [15]. The lubrication was performed using Bondura lubrication paste with the trade
name of MOLYKOTE(R) P-74 PASTE.

As mentioned before, the torque was applied step-wise, beginning from 40 N m with adding 20
N m at each step until it reached to 200 N m. During each test, the screws were hand-tightened at
first. In order to do torquing operation precisely, a torque wrench was used which is shown in Figure
3.3a. The torque increase was applied to each screw at each step and a time interval was dedicated
after for settlement of strains and stresses, because when the torque is applied to the system, the
friction would be in dynamic state and it will take a while to change to static state. After domination
of static state of friction in the system, there was no strain change visible on the strain monitoring
screen.

For each test after reaching to 200 N m torque and recording the strains, it was necessary to
dismantle the EPS completely and start the next test. This dismantling was required to start each
test from zero strain state in test boss. For removing the conical sleeve gently, Bondura Multi-Tool
was used. This instrument is shown in Figure 3.3b and by clamping it to sleeve and applying torque
to its central screw, it removes the sleeve from the pin.

(a) Torque Wrench (b) Bondura Multi-Tool

Figure 3.3: Test equipment

3.2. Test Results
In this section, the test results for the three different test layouts are provided separately.

3.2.1. Non-lubricated Sleeve
The first test layout which has been studied experimentally is non-lubricated sleeve which resem-
bles the real case application of Bondura EPS. The cleanliness of the contact surfaces of all joint
components is very important on locking mechanism of the assembly, because the existence of oil,
grease or any other substance can affect the functioning of the mechanism in practice and in this
study can lead to fault data acquisition.
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Three strain gauges were installed on the outer surface of the test boss with an angular distance
of 90 ° between them. In order to obtain a more general recording of strains, the test boss was rotated
and placed in different positions around the pin. The strain measurements are shown in Figures 3.4-
3.6. In the presented graphs, the vertical axis shows the measured strains and the horizontal axis is
time. Eqs. (2.67) and (2.68) are used to calculate the external hoop stress and consequently the
internal pressure of the test boss. Afterwards, the value of internal pressure is substituted in the first
two equations of Eq. (2.69) to find the values of internal radial and hoop stresses, respectively. To
provide a better presentation of test results, a simple visualization of the magnitude of radial and
hoop stresses at each measured point is provided beside the strain graphs. All visualizations are
related to torque amount of 200 N m which leads to the highest value of the measured strains.

In the assembly manual of the Bondura EPS, it is recommended to use a rubber or plastic ham-
mer and tap all around the end plate after applying a definite amount of torque to the screws and
then resume the tightening them operation. The purpose of this task is to release uneven accumu-
lated stresses due to existence of the static friction and provide the opportunity for a better stress
distribution. This step had to be skipped while tightening the screws in this test layout, because
this could affect the connectivity and accuracy of the strain gauges and lead to damage to the them.
But this step was followed and applied while doing the tests for lubricated condition of sleeve (both
perfect and cut sleeves). The reason is that lubrication provides a slipping condition that even a
weak tapping can have effect on displacements of sleeve and so that it can create a better stress dis-
tribution state by releasing the accumulated stresses. This matter will be discussed in the next two
sections.

As mentioned before, the conical sleeve of the Bondura EPS has four slits. One of the slits is a
complete cut or cut-through which gives the sleeve possibility to expand more and easily. In this
test layout, this cut-through is placed at position of 90° (by taking into account the standard polar
coordinate with zero coordinate at position of 3 O’clock). From the radial and hoop stresses shown
in Figures 3.4- 3.6, it is obvious that the stress distribution inside the test boss is not uniform. These
stresses are considered as residual contact pressure [16] and since the test boss does not have end
caps, the longitudinal stress is smaller than hoop and radial stresses. Hence, it is not shown in the
visualizations. One of the main reasons for this uneven stress distribution is friction. The compres-
sive force between the contact surface of the conical sleeve and pin creates friction which prevents
the relative slippage. In addition, the region of the test boss around the cut-through experiences
more stresses. So other reason for nonuniform stress distribution is due to the cut-through where
the sleeve expands more in this region and as a result more stress is induced into the test boss.

Another region where the amounts of radial and hoop stresses are high is the region in opposite
side of the cut-through which is located at 270°. This matter could be related to this fact that a point
at this region acts like a hinge point and provides the possibility of two (right and left) sections of the
sleeve to expand or in other words rotate around this point. This matter could be used as a guide for
assembly of the sleeve in different equipment regarding the dominant loads affecting on the joint.

In order to better evaluate the effect of positioning the sleeve opening, a series of tests have
been carried out by placing it at different locations. The respected strain graphs and stress visual-
izations are available in Appendix A.6. The same principle about the location of the opening has
been observed when the sleeve was rotated to 45°, 315° and 225° positions. By comparing the re-
sulted stresses based on position of the cut-through, it can be concluded that when the cut-through
is placed at top position (90°), a lower level of stress is produced in the test boss.

It is worth noting that by applying an optimum torque on the joint, the bore of the equipment
will find wider distribution of the load over its perimeter and the effect of the concentration of the
stress will decrease to some extent. This can improve the fatigue life because it is attributed to the
residual compressive stress surrounding the equipment bore. Nevertheless, the tightening torque
should be strong enough to prevent slipping [17] between sleeve and equipment support.
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Figure 3.4: Non-lubricated sleeve with sleeve cut-through at top and SGs at 0°, 270° and 180°

Figure 3.5: Non-lubricated sleeve with sleeve cut-through at top and SGs at 270°, 180° and 90°

Figure 3.6: Non-lubricated sleeve with sleeve cut-through at top and SGs at 180°, 90° and 0°
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(a) ZEISS coordinate measuring machine (b) Measuring operation of the machine

(c) Locations of the reference and measuring points

Figure 3.7: Measurement of conical sleeve axial movement

The tightening of screws squeezes the sleeve axially and due to wedge effect of the tapered end
of the pin, the sleeve expands. To evaluate the relationship between axial movement and resulted
stresses in the test boss, a series of measurements were implemented by a high precision Coordinate
Measuring Machine (CMM). The related arrangements are shown in Figures 3.7. The reference point
was set at top face of the flange and 6 measuring points at 90°, 180° and 0° including points on face
of the end plate and on the backside of the sleeve collar were considered for determination of sleeve
axial movement.

In Table 3.2, distances between the front face of the end plate and the reference point are listed
which are accurately measured by CMM for each step of torquing. By looking at this table and
evaluating the measured distances, it is clear that by increasing the torque which means higher
axial load, the distance between the two mentioned components decreases up to torque value of 80
N m. This is in fact something obvious that by increasing the compression force, the contraction will
happen. But after this value of torque, the distance between the end plate and the reference point
on top of the flange has increased. This was an unexpected issue during the tests. The reason for
this matter can be justified by considering the elongation of the pin. It means that by increasing the
applied torque, the sleeve starts to slip and advance along the tapered end of the pin. But up to a
level, the friction force opposes the advancement of the sleeve and since the magnitude of the force
is significant, the axial force resulted from screws pulls the pin and enforces it to elongate.

In order to evaluate this matter in more detail, a comparison between theoretical formulas of
Sections 2.1 and 2.2 and the experimental results is performed.

From measurement results of the Table 3.2, it could be calculated that, first the sleeve moves
approximately 0.009 mm towards the flange and then it moves about 0.031 mm away from it. Thus,
it is concluded that practically, the sleeve is totally 0.040 mm displaced.

By considering the final applied torque of 160 N m and using Eq. (2.15), the amount of preload
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Table 3.2: Distance between face of the end plate and reference point

Torque (Nm) 40 60 80 100 120 140 160

Distance point 1 63.958 63.948 63.947 63.954 63.960 63.964 63.977
(mm) point 2 63.955 63.944 63.947 63.957 63.962 63.965 63.976

point 3 63.954 63.945 63.947 63.958 63.964 63.969 63.982

(a) Sleeve approaching the test boss (b) Sleeve moving away from the test boss due to pin elongation

Figure 3.8: Sleeve movements while torquing the fastening screws

created by fastening the screws could be calculated. As it is mentioned before, K can be considered
equal to 0.2. Then, the preload for M16 screw which has the nominal diameter of 16 mm would be
50 kN . Since the joint system has three screws, the amount of total preload or i.e. axial load is 150
kN . Afterwards, by considering the material and geometrical characteristics of the sleeve and the
pin and also by using Eq. (2.52), the theoretical amount of sleeve axial displacement is calculated
equal to 0.040 mm. This theoretical value is for a sleeve without slits. The theoretical value is in
a good agreement with the experimental value. But it is necessary to consider that the amount of
sleeve advancement in experimental measurements from hand tightened state until applied torque
of 40 N m is not taken into account. So it means, the sleeve advancement in reality is more that 0.040
mm which is acceptable due to existence of the four slits on the sleeve.

This matter can be investigated further. Eq. (2.49) gives the longitudinal stress distribution along
the pin axis. For applied torque equal to 160 N m, the corresponding stress distribution is illustrated
in Figure 3.9. The contact length of sleeve-pin is around 35 mm. The figure shows that at the end
of the taper of the pin, the amount of longitudinal stress is σ1x = 37.11 MPa. Dividing this stress by
Young’s modulus of elasticity of the pin (E = 210 GPa) yields the strain created inside the pin which
is εx = 177 µm/m. The length of the pin is 210 mm, but the end of the pin which has a length of 30
mm is clamped in order to hold the pin in a fixed constraint. So by considering the effective length
equal to 180 mm, the elongation of the pin is obtained as follows

∆L = εx ∗L = 177µm/m ∗0.18m = 31.79µm (3.4)

The calculated value for pin elongation is in good agreement with the measured value of 0.031

26



3.2. Test Results 3. Experimental Study

Figure 3.9: Longitudinal stress along tapered section of the pin according to Eq. (2.49)

mm (or 31 µm) by CMM shown in Figure 3.8b.
Another matter that can be mentioned here and has effect on the lifetime of the EPS joint is

f r et t i ng wear . Fretting is defined as contact between surfaces subjected to reciprocating motion
of low amplitude and it is quite different with reciprocating wear which occurs at much higher am-
plitudes. Fretting wear leads to surface degradation when the amplitude of the displacement is
within the range from 1 to 100 μm [18].

Fretting wear involves various wear mechanisms such as adhesion, abrasion, oxidation and fa-
tigue and at least two of these mechanisms should occur simultaneously to trigger this type of wear
[18]. For EPS, abrasion and fatigue are two probable mechanisms which can occur due to move-
ments of the equipment. Fretting wear produces oxidized wear debris and this can influence the
rigidity of a joint. As mentioned in the section of test procedure, the conical sleeve of Bondura EPS
is covered with yellow chromatic-zinc passivation coating. This can effectively hinder production
of oxidation in the contact surface of the sleeve-support bore.

3.2.2. Lubricated Sleeve
Lubrication is a useful method mostly employed in fretting contacts to reduce wear associated with
high friction. There are many factors affecting the fretting damage, including contact pressure, tan-
gential force, sliding amplitude, vibration frequency, surface roughness, temperature,surface hard-
ness and so on [19] which by selecting an appropriate lubricating agent, this type of failure could be
significantly decreased.

In EPS, it is necessary to have entirely clean surface for each joint component to achieve the
best locking force, otherwise it can result in slack joint due to slippage of joint components. Hence,
for evaluation of the effect of friction between contact surfaces of sleeve-pin-test boss, lubrication
was applied to the sleeve. In this test layout, both the inner and the outer surfaces of the conical
sleeve was lubricated with Bondura lubrication paste with the trade name of MOLYKOTE(R) P-74
PASTE. The purpose of these tests are to investigate how much of the applied torque dissipates in
the form of hysteresis deformation along contact surfaces of the sleeve. Figures 3.10-3.12 show the
strains created in the hoop direction of the outer surface of the test boss and visualization of radial
and hoop stresses inside it.
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Figure 3.10: Lubricated sleeve with sleeve cut-through at top and SGs at 0°, 270° and 180°

Figure 3.11: Lubricated sleeve with sleeve cut-through at top and SGs at 270°, 180°and 90°

Figure 3.12: Lubricated sleeve with sleeve cut-through at top and SGs at 180°, 90° and 0°
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The strain graphs show that the amount of stress inside the test boss has increased significantly.
The stress distribution in lubricated condition is not uniform and it is to some extent similar to non-
lubricated condition with this difference that the magnitude of increase in stresses in the region
between 90° and 180° has been higher than other regions. This could be related to this fact that
since the friction has decreased, the joint system tries to find a location where it can release stresses
and this may happen locally in a location where the friction is lower, i.e. more slippage can occur
there. This leads to accumulation of the stresses in a particular region. By comparing the change
of stresses with non-lubricated condition, it is concluded that generally the stresses are distributed
more uniformly as friction decreased. This fact is observed in other researches related to loading of
a cylinder like [20]

In this test layout, the regions around the placement of the sleeve cut-through experience higher
stresses than other regions which is similar to non-lubricated condition. A series of tests were per-
formed for investigation the effect of position of sleeve cut-through. The results of these tests are
available in Appendix A.7.

Among conducted tests, the case related to the sleeve complete notch at angular position of 315°
results in lower stresses in the test boss. Moreover, in these series of tests it is observed that changing
the location of the sleeve cut-through can lead to a more uniform stress distribution.

By comparing the strains and stresses of the lubricated condition with the non-lubricated, it
is found out that both radial and hoop stresses at positions of 0°, 90°, 180° and 270° are increased
with ratios of 2.68, 2.17, 3.3 and 2.74 times, respectively. It is possible to indicate that the average
increase is equal to 2.72 times compared with non-lubricated condition. This means that in non-
lubricated condition which is the form of application of the EPS in practice, around 63.24% of the
applied torque is dissipated. This dissipation of energy is used to overcome the friction force and
deforming the sleeve elastically. The dissipated energy due to friction is wasted in the form of elastic
hysteresis deformations of sleeve, pin and bore of the test boss. The rest of the torque which is about
36.76% is used to expand the test boss and it will remain in the form of residual contact stress.

Elastic Hysteresis is defined as the difference between the strain energy required to generate a
given stress in a material, and the material’s elastic energy at that stress [21]. This energy is actually
dissipated through internal friction or heat in a material during loading and unloading.

Basically, hard metals don’t show elastic hysteresis under a moderate loading [22], but as it is
observable in Figures 3.10-3.12, the magnitude of stresses inside the test boss is noticeable and
makes this phenomenon to happen.

As it was mentioned in the previous section, a plastic hammer was used to tap the end plate
of the joint assembly in order to release static frictions and provide a uniform fastening with lower
stress accumulation in a specific region. After applying a definite torque to all the three screws,
tapping was implemented gently around the front face of the end-plate and the the tightening with
the same amount of torque was applied again. By looking at Figures 3.10-3.12, it is clear that the
small jumps between each step of torquing is related to this matter.

Another interesting finding of this test layout is in association with small drop of strains that
occurred between steps of the torquing. The reason of this happening is due to freedom of the
slippage which is created by the lubrication. This drop of strains is more considerable for lower
magnitudes of torque than the higher torques. It means at lower torques, the expanded lubricated
sleeve finds the opportunity to find a stable situation by taking benefit from slippage.

3.2.3. Lubricated Cut Sleeve
Another test layout which was investigated in this experiment was using a cut sleeve. In clamping
mechanism of the EPS, a part of the applied torque is used to deform the sleeve in an elastic range. In
Bondura EPS, the sleeve slits make the expansion of it easier, but still a part of the applied torque is
used to deform the sleeve. Thus, by cutting the sleeve to several parts, the need for elastic deforming
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of sleeve would be omitted. The aim of these tests is to evaluate how much of torque is spent for this
action. The sleeve is cut in four identical parts.

The results of these series of tests are exhibited through Figures 3.13-3.15. The strains and
stresses are increased significantly in comparison with previous non-lubricated and lubricated sleeve
test layouts and it is obvious that the stress state is to a great extent uniform along the whole inner
surface of the test boss.

By evaluating the amount of growth in stresses, it is deduced that radial and hoop stresses at
positions of 0°, 90°, 180° and 270° are increased with ratios of 4.62, 2.70, 4.68 and 4.36 times, re-
spectively. The average ratio for increase in stresses is 4.09 times compared with the non-lubricated
condition.

As it was stated in previous section for lubricated sleeve condition, 36.76 % of the fastening
torque was experienced by the test boss which basically will remain in the form of residual contact
stresses. The rest of the torque or applied energy is spent to overcome friction and deform the
sleeve elastically. By making a comparison between lubricated sleeve and lubricated cut sleeve test
results, it is concluded that 33.5 % of the applied torque is used to deform the sleeve in elastic region
of material and 29.74 % is spent in the form of friction i.e. elastic hysteresis.

In these series of tests, again reduction of strains happened after fastening the screws with the
predetermined amount of torque. These strain reductions basically originate from the possibility of
slippage in lubricated state and are more significant at lower stress levels. A closer look at Figures
3.13-3.15 reveals three small strain jumps between torquing intervals. These small steps are created
while the torque is applied and are related to fastening of the three screws of the joint indicating
that torque is applied in a step-wise manner.

As it is clear in stress visualization demonstrations, absence of friction yields in high stress val-
ues inside the test boss. Despite the existence of large stresses, disassembly of lubricated sleeve was
performed much easier than non-lubricated state. This issue highlights the importance of friction.
Large errors in determining friction coefficients can result in applying excessive stress to joint com-
ponents and it can accelerate their wear and tear. Thus, surface roughness of the joint components
is an important parameter in producing friction and it must receive greater attention. The coni-
cal sleeve, pin and test boss used in this experiment have similar surface roughness of 3.2 µmRa
according to ISO 2768 standard. Ra is the arithmetic average of the absolute values of the profile
height deviations from the mean line [23].
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Figure 3.13: Lubricated cut sleeve with SGs at 270°, 180° and 90°

Figure 3.14: Lubricated cut sleeve with SGs at 0°, 270° and 180°

Figure 3.15: Lubricated cut sleeve with SGs at 90°, 0° and 270°
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3.2.4. Comparing the Results from Different Tests
In order to make the results of the three test layouts more comparable and provide a better view
about the stress distribution and residual contact stresses along the inner surface of the test boss,
the average value of radial and hoop stresses have been calculated based on measurements of the
conducted tests and they are shown in Figure 3.16. The graphs emphasize this fact that as friction
decreases and also by cutting the sleeve, the amount of wasted torque or dissipated energy will
decrease and actually this energy is consumed to expand the sleeve more and this induces more
internal pressure in the intervention of sleeve/pin/test boss bore.

(a) Non-lubricated sleeve with sleeve
opening at top

(b) Lubricated sleeve with sleeve opening
at top

(c) Lubricated cut sleeve

Figure 3.16: Comparing stress distribution for the three test layouts

The characteristic of hoop stress inside the test boss is tensile while radial and axial stresses
are compressive. For further analysis of the test boss stress level through different test layouts and
to find out whether it has experienced yielding or not, MSS and DE theories are evaluated. The
respective Tr esca and vonMi ses stresses are calculated for each condition based on the highest
values of stresses registered during measurements. The values are listed in Table 3.3. According to
the calculated values for non-lubricated sleeve which resembles the real case application of EPS,
both Tresca and von Mises stresses are much lower than the failure limits, but for lubricated cut
sleeve, vonMi ses and Tr esca stresses reach to 79 % and 86 % of material yield strength. MSS is
a more conservative criteria than DE. Calculation of Tr esca and vonMi ses stresses are provided
below according to Eqs. (2.73) and (2.75), respectively. It is worth mentioning that σz which is given
in Eq. (2.71) can be calculated based on the geometry of the test boss and also assuming a frction
coefficient µ = 0.2 as follows

σz(i nt ) = 2µaL

b2 −a2σr (i nt ) = 2∗0.2∗44.5∗38

64.52 −44.52 σr (i nt ) = 0.31σr (i nt ) (3.5)

For non-lubricated sleeve the calculations are;

τmax = σθ(i nt ) −σr (i nt )

2
= 96.82− (−34.37)

2
= 65.60MPa −→σTr esca = 131.2MPa (3.6)

Tr esca stress is two times of the value of τmax .
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σ′ = [
(σθ(i nt ) −σz(i nt ))2 + (σz(i nt ) −σr (i nt ))2 + (σr (i nt ) −σθ(i nt ))

2

2
]1/2

= [
(σθ(i nt ) −0.31σr (i nt ))2 + (0.31σr (i nt ) −σr (i nt ))2 + (σr (i nt ) −σθ(i nt ))

2

2
]1/2

= [
(96.82−0.31∗ (−34.37))2 + (0.31∗ (−34.37)− (−34.37))2 + (−34.37−96.82)2

2
]1/2

= 124.07MPa

(3.7)

Table 3.3: Evaluation of failure (yield criteria)

Test Layout Tresca Stress von Mises Stress Yield Strength

Non-lubricated Sleeve 131.2 124.07 420
Lubricated Sleeve 284.9 262.93 420

Lubricated Cut Sleeve 361.7 333.84 420

As mentioned in section 3.1, the recommended torque for Bondura EPS Φ 88.9 mm is 160 N m.
The residual contact stresses resulted from tightening the screws of this system with the recom-
mended torque is shown in Figure 3.17. The maximum residual hoop and radial stresses are located
in position of 90° where the opening of the sleeve was placed. Tr esca and vonMi ses stresses are
calculated for this case base on maximum occured stresses and are presented in Table 3.4

Figure 3.17: Stress distribution for recommended torque- non-lubricated sleeve

Table 3.4: Stress state for recommended torque

Test Layout Tresca Stress von Mises Stress Yield Strength

Non-lubricated Sleeve 117.81 108.74 420

The interaction of hoop, radial and axial stresses creates the clamping force for EPS joint. In
some other fields like clamping a work-piece, there are recommendations based on deformation of
the work-piece due to clamping and cutting forces and it is intended to make these forces minimized
and uniformed while preventing the movement of the work-piece during cutting or machining op-
erations. There are a lot of researches that have studied this subject like [24], [25] and etc.
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For EPS, there is no simple rule-of-thumb procedure for determining the clamping force and
the magnitude of clamping force should be enough to hold the pin fixed during the operation of
the equipment. The most important matter is to have a uniform clamping force whole along the
bore circumference. Moreover, it is important to optimize this force to decrease the effect of wear
and tear. On the other hand, since this clamping force is created by end-plate fastening screws, it
is very important to maintain the initial clamping force, because this force gradually relaxes during
prolonged exposure to the alternating external load [26]. This subject will be studied in more detail
in Chapter 6, "Opti mi zati on".

3.3. Summary
In this chapter, the results of experimental study for investigation and analysis of stresses between
conical sleeve-pin-equipment bore have been presented. The experimentation included three dif-
ferent test layouts including non-lubricated sleeve, lubricated sleeve and lubricated cut sleeve. Ac-
cording to obtained experimental results for BonduraΦ 88.9mm joint system, the following conclu-
sions can be drawn:

- In non-lubricated condition, the stress distribution is not uniform.
- Stress concentrations happen in a region near sleeve cut-through and in region next to it (with

180° angular distance from sleeve cut-through).
- At the beginning of screw tightening, conical sleeve moves forward along the pin, but after

reaching to a level of torque, pin undergoes tension and it elongates.
- Around 63% of the applied torque dissipates in the form of elastic hysteresis and expanding

the sleeve and only 37% of it is effectively used to expand the test boss (result from lubricated sleeve
tests).

- A part of dissipated torque which is around 33% is used to deform the sleeve elastically and
about 30% of it is wasted in the form of elastic hysteresis deformation in different joint components
to overcome friction (result from lubricated cut sleeve tests).

- Lubrication of the sleeve and also cutting the sleeve resulted in more uniform distribution of
stresses along the bore of the test boss.

Further investigation about interaction between conical sleeve - pin and stresses which they
experience will be provided in Chapter 5.
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4
Finite Element Analysis

In this chapter, first a brief description on Abaqus/CAE is presented. Then the methodology adopted
to model and analyse the Expanding Pin System (EPS) through FEA is provided. The details about
material and geometrical considerations are described and mesh type and selection of suitable solv-
ing algorithm is thoroughly stated.

4.1. FE Software, Abaqus/CAE
All FE analyses of this study are performed using Abaqus/CAE 2017 software. This software has
proven that it is a reliable software for various engineering problems.

Abaqus/CAE is an interactive environment used to create finite element models, submit Abaqus
analyses, monitor and diagnose jobs, and evaluate results [27]. It has different modules like Stan-
dard, Explicit and CFD which each one has several add-on options to further extend its capabilities.

Abaqus/Standard and Abaqus/Explicit can be used to solve a large class of stress analysis prob-
lems. A fundamental division of such problems is into static or dynamic response where dynamic
problems are those in which inertia effects are significant [28].

Stress analysis problems can be divided into two different categories including static and dy-
namic. A static stress analysis is used when inertia effects can be neglected. This type of anal-
ysis can be conducted in Abaqus/Standard either in a linear or non-linear way and in fact this
method ignores time-dependent material effects (like creep, swelling, viscoelasticity), but it takes
rate-dependent plasticity and hysteretic behavior for hyperelastic materials into account [28]. While
linear static analysis involves the specification of load cases and appropriate boundary conditions,
non-linearities can arise from material non-linearity, boundary conditions and large-displacement
effects. Material non-linearity can be described in reference to the stress-strain diagram of metals
shown in Figure 4.1.

In the first region before yield point, the stress-strain curve is linear and the behavior of material
is elastic. Afterwards, the non-linear behavior of material starts and the material undergoes plastic
deformations. It is worth mentioning that after ultimate strength damage to material is something
unavoidable. The structural steel follows closely the presented curve. In the case of other type of
materials like hyper-elastic or rubber type materials, the stress-strain curve is nonlinear from the
beginning and this should be considered in simulations.

Non-linear boundary condition is a kind of boundary condition that varies with time. An exam-
ple is contact phenomena where the parts which are not in touch come into contact with each other
as the simulation proceeds.

Large displacements and deformation in parts of a simulation can lead to non-linearity of the
problem. It is reasonable to always check for non-linear geometry condition. As a rule of thumb,
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Figure 4.1: Stress-strain diagram for ductile material [5]

this is almost always the case if strains exceed 5 % [29]. An example for this case is a simulation
where loads are rotating with the structure i.e. a part or assembly is loaded in bending initially, but
the loading turns to tension after deformations start. Further discussion about inclusion of non-
linearity in the context of this study will be presented in subsection of selecting the solver.

On the other hand, dynamic stress analysis is related to problems in which inertia effects must
be considered. In Abaqus/Standard, implicit operators applies direct-integration of the equations
of motion, while Abaqus/Explicit uses the central-difference operator [28]. In an implicit dynamic
analysis in each time increment the integration operator matrix must be inverted and this results
in a set of nonlinear equilibrium equations, while in an explicit dynamic analysis displacements
and velocities are calculated in terms of quantities that are known at the beginning of an incre-
ment. Therefore, in explicit analysis the global mass and stiffness matrices need not be formed and
inverted which leads to saving time, considerably. In an explicit dynamic analysis the size of time in-
crement is quite important since central-difference operator is only conditionally stable, but in the
implicit operator the size of the time increment is not a restriction and it is unconditionally stable.

4.2. Pre-processing
In this section, the procedure for modeling of the joint components in Abaqus is described in detail.
This includes defining material characteristics, modeling EPS parts and assembly of them, defining
contacts between surfaces of the parts and applying load and Boundary Conditions (BCs).

4.2.1. Material Definition
In order to model material features properly several initial runs in Abaqus/Standard using static
solver were carried out and it was observed that due to occurrence of large displacements and
strains in some regions of the joint, the runs were aborted. Therefore, material properties were
modelled by considering nonlinearity.

Prior to reaching the yield point, the deformation of steel creates only elastic strains and these
strains disappear when the applied load is removed. However, once the strains in steel exceed the
yield point, permanent (inelastic) deformation begins to occur. These strains which are associated
with the permanent deformation are called plastic strains. When steel deforms beyond the yield
point both elastic and plastic strains accumulate in it.

Typically, the stiffness of steel decreases dramatically once the material yields. Generally, ductile
metals like steel that have yielded will recover their initial elastic stiffness when the applied load is
removed (see Figure 4.1). Often the plastic deformation of steel increases its yield stress for subse-
quent loadings: this behavior is called work hardening [5].
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The material properties of the EPS components were provided in Section 3.1. In order to sim-
ulate a more realistic behaviour of EPS joint using FEA, it is often recommended to use the true
stress and true plastic strain relationships. The true stress (σtr ue ) and the true strain (εtr ue ) can be
determined based on material test results using the following equations [5]

σtr ue =σeng (1+εeng ) (4.1)

εtr ue = l n(1+εeng ) (4.2)

where (σeng ) and (εeng ) are engineering stress and strains measured in tensile tests. True stress
is the applied load divided by the actual cross-sectional area of material where the area changes
with time while engineering stress is the applied load divided by the original cross-sectional area of
material.

According to data from material certificate available for different parts of EPS which include
yield strength (Sy ), ultimate tensile strength (ut ) and final elongation (A5), the material modeling
in Abaqus was performed. The data for strain corresponding to ultimate strength was not available,
however based on stress-strain diagram available for S355 steel in the literature [30], it was assumed
that the respective strain for ultimate strength is equal to one third of the strain value corresponding
to the A5 where the rapture for test material occurs. A5 is permanent elongation for proportional
specimens with length L0 equal to 5 times of diameter [31]. In this way, a linear strain hardening
has been introduced for different grades of S355 steel. The stress-strain diagram assumed for sleeve
is shown in Figure 4.2 as an example. The elastic modulus and the material density are considered
210000 MPa and 7850 kg /m3, respectively. Poisson’s ratio of steel is set to 0.3.

Figure 4.2: Sleeve bi-linear stress-strain diagram

Material characteristics of differ-
ent parts of EPS are listed in Table 4.1.
In Abaqus, post-yielding behaviour of
the material can be defined in plas-
ticity section. The plastic data define
the true yield stress of the material
as a function of the true plastic strain
[5]. Table 4.2 shows as an instance the
conversion from engineering to true
material properties data for sleeve.
The plastic strain is obtained by sub-
tracting the elastic strain from the
value of the total true strain as it is ex-
pressed in the following equation

εpl .tr ue = εtr ue −εel ast i c = εtr ue − σ

E
(4.3)

At small values of strain, the differences between the engineering and true strains are negligible,
but at larger strain values the differences become significant. Thus, providing the proper stress-
strain data to Abaqus is extremely important especially when strains in the simulation are large.

4.2.2. Modeling EPS Parts and Assembly
The modeling of the joint system components has been done in Abaqus. The dimensions of the
parts are available in Appendix A.3 - A.5. It is not possible to model only part of the system based on
symmetric assumptions, because the sleeve is not symmetric. It has four slits and just one of them
is a complete cut-through. Moreover, the end plate has three screws which are the locations for
applying load. These have resulted in necessity to model the joint system thoroughly and therefore
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Table 4.1: Material characteristics of EPS parts

Part Yield Strength Sy

(Mpa)
Ultimate Strength

Su t (MPa)
Elongation, A5 %

End plate 404 547 25.6
Pin 962 1074 16.8

Sleeve 404 547 25.6
Test boss 420 583 21.2

Table 4.2: Sleeve stress and strain conversions

Eng Stress Eng Strain True Stress True Strain Plastic Strain

Yield Str. 404 0.0019 404.77 0.0019 0
Ultimate Str. 547 0.0853 593.66 0.0819 0.0800

Note: Stresses are in MPa.

there are increased number of nodal degrees of freedom and subsequently increased computational
time in solving process.

The parts are modelled as a 3D homogeneous solid and assembly of the parts implemented
according to manner conducted in experimental set-up. The cylindrical parts have been set in place
by defining coaxial constraint and a face to face constraint has been defined for positioning the end-
plate since it is in touch with face of the sleeve throughout the simulation time.

A simplification has been made to the EPS joint in order to make the model simpler and to
decrease the simulation time. This has been done by omitting the fastening screws of the end plate
and therefore equivalent axial load is defined instead of screw preload. In this way, the number of
contact surfaces have decreased and complexity of the analysis is reduced since the main focus of
this FEA is evaluation of stresses in the contact surfaces of pin-sleeve-test boss.

4.2.3. Defining Contact
The parts of the EPS are in contact with each other and two forces act on these parts; one is normal
force to the contact surfaces and the other one is shear force which originates from friction between
the surfaces and resists the tangential motion (sliding) of the bodies.

The distance separating two surfaces is called the clearance and contact constraint is defined
when the clearance between two surfaces becomes zero [5]. Obviously this means as long as there
is a clearance between surface, there is no contact pressure.

Surfaces usually transmit shear as well as normal forces across their interface when they are
in contact with each other. Thus, it is needed to take into account frictional forces which resist the
relative sliding of the surfaces. One of the common frictional model used to describe the interaction
of contacting surfaces is Coulomb friction. The model characterizes the frictional behavior between
the surfaces using a coefficient of friction, µ. In this analysis, friction coefficient is considered 0.2,
similar to the value considered in theoretical part for metal-metal contact. As it is illustrated in
Figure 4.3, the tangential motion is zero until the surface traction reaches a critical shear stress
value, which depends on the normal contact pressure, according to the following equation [5]:

τcr i t =µp (4.4)

where p is the contact pressure between the two surfaces. This equation gives the limiting fric-
tional shear stress for the contacting surfaces. When the shear stress equals or exceeds the limiting
frictional shear stress,µp, the contacting surfaces will start to slip (slide relative to each other) across
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their interface.

Figure 4.3: Frictional behavior [5]

Another important parameter while modeling a contact is definition of master and slave sur-
faces. There are two types of contact discritizations in Abacus including node-to-surface and surface-
to-surface [32]. In node-to-surface, the nodes on slave surface contact the discretized segments of
the master surface. Nodes of the slave cannot penetrate to the discretized segments on the master
although the vice versa is possible. For this reason, the selection of master and slave is important.
As a rule, the slave should be the more finely meshed surface. If the mesh densities are similar the
slave surface should be the one with the softer material. For surface-to-surface, contact condition
is formulated based on the shape of both the master and slave surfaces. The region of contact is dis-
tributed in an average sense over regions near the slave nodes rather than on individual slave nodes
and therefore large penetrations of master nodes into the slave surface do not occur [33] which pre-
vents stress or pressure spike in some nodes and provides a more realistic stress distribution.

In this FEA, surface-to-surface discretization has been used and the pairs of master-slave in-
clude; pin-test boss, pin-sleeve, test boss-sleeve and sleeve-end plate.

4.2.4. Loading and Boundary Conditions
The boundary conditions (BCs) of the EPS are modeled according to the test setup implemented
during experimentation. In the conducted tests, one of the ends of the pin was constrained inside
the support of the test jig which resembles a clamped BC. The modeling of this constraint is defined
by an encastre BC in Abaqus with all translational and rotational degrees of freedom restricted. The
other end of the pin is exposed to an axial load calculated according to Eq. (2.15) based on the
applied torque to the joint system. The FEA is carried out for applied torque of 200 N m which is
the largest torque applied to EPS during the tests. This creates an axial load equal to 62.5 kN to
each M16 screw. This load is exerted to the end plate in the form of pressure to a surface equal to
cross sectional area of the screw. The insertion of load to the EPS is defined by a linear amplitude
function.

The other BC which has been considered in FE modeling is related to the test boss which is
restricted to move axially during the tests and it has been modeled by keeping its movement equal
to zero in z-direction. An illustration of the loading and BCs are shown in Figure 4.4.

4.3. Processing
This section contains a brief description of mesh type and how it is applied to EPS parts and also
about selecting the solver to run the FEA.
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Figure 4.4: Loading and boundary conditions

4.3.1. Meshing
The quality of the element determines the accuracy of the solution in a FE simulation [34]. In FE
meshing, element shape is mostly determined based on geometry of part. Meshing a complex shape
with triangles or tetrahedra elements is very convenient and these elements are used in Abaqus au-
tomatic meshing algorithms and are suitable for general usage [35]. Other useful element shapes are
quadrilaterals and hexahedra which have a better convergence rate than triangles and tetrahedra,
and their sensitivity to mesh orientation is not an issue [35]. Even though triangles and tetrahedra
are less sensitive to initial element shape, but a good mesh of hexahedral elements usually provides
a solution of equivalent accuracy at less cost.

Another important parameter in meshing is mesh structure. Compared with structured meshes,
unstructured meshes have the following advantages [36]:

(i) It is more adaptable to complex geometric configurations, especially when triangular ele-
ments are used,

(ii) The mesh model can be generated automatically.
Although unstructured meshes such as triangular and tetrahedral elements can be fitted suit-

ably to complex geometries, however their calculation accuracy is low. Quadrilateral and hexahe-
dral elements are more common in engineering analysis and have higher accuracy [36]. Therefore,
hexahedral element has been selected to mesh EPS parts in this study.

The sweep technique is selected in order to apply unstructured mesh to the parts. Medial axis
algorithm is the chosen solving algorithm in this analysis. This algorithm first decomposes the
meshed region into a group of simpler regions and then it uses structured meshing techniques to fill
each simple region with elements [33]. For relatively simple regions which contain a large number
of elements, the medial axis algorithm generates a mesh faster than the other algorithm in Abaqus
which is advancing front.

The element selected to mesh EPS parts is C3D8R, a continuous 3-dimensional, 8-node linear
brick, reduced integration, hourglass controlled element. Due to the reduced integration, the lock-
ing phenomena that is a problem with some element types like C3D8 element did not appear [37].
This element is not stiff and is appropriate for bending problems.

Basically, stresses and strains are most accurate in the integration points. Since the integration
point of the C3D8R element is located in the middle of the element, for this reason it is required
to have small elements or a finer mesh. This can improve to capture stress concentrations at the
boundary of the model [37].

The mesh size is identical for sleeve, test boss and end plate and it is half of the mesh size for
pin since after running several primary simulation jobs, it was observed that pin is exposed to lower
stress level and therefore its mesh size has been considered coarser to reduce simulation time. Fig-
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ure 4.5 shows applied mesh to EPS. It is visible that mesh distribution is not uniform on end plate
and the reason is partions defined on the surface of this part in order to apply load. Since a region
that is meshed finer is usually less stiff [29], it should be noted that the transition between regions
of different element sizes is smooth. This prevents occurrence of spurious stresses in this regions
which can lead to false result.

Another effective parameter in mesh selection is hourglassing. In practice, the C3D8R element
is not very useful without hourglass control. In the Abaqus version used for this analysis, starting
with hourglass control is automatically activated for this element [37].

Figure 4.5: EPS mesh system

4.3.2. Selection of Solver
Selection of a suitable solver depends on the type of the problem and the way the model is loaded.
In this FE study, through running several simulations a comprehensive investigation for selection
of solver has been conducted and the three tested solvers including implicit static (static general),
implicit dynamic and explicit dynamic are discussed in this subsection.

Implicit Static. Implicit static solver is generally known to be more accurate and efficient than
explicit dynamic solver for simple 2D problems. However, for complex 3D problems with large de-
formations, the implicit static procedures encounter a number of inherent difficulties especially in
incremental forming processes [38]. Implicit static finite element formulations require a very long
computational time and several solution techniques have been developed to reduce the computa-
tional time, namely the dual mesh technique, Arbitrary Lagrangian Eulerian (ALE) technique, etc.

Loading of EPS is initially done through a slow process in practice and at the beginning of this
FEA, it was assumed that the model is loaded statically equivalent to load of fastening torque. But
the simulation process using implicit static was aborted and the solver was not able to complete the
job.

Although the modeling of EPS is simplified and actually screws are omitted from the model,
but still the complexity of problem led to unsuccessful attempts. From beginning of the implicit
static analysis, large displacement warning appeared which is related to large displacements and
deformations in the parts that causes non-linearity. It can be concluded that large strain rate makes
implicit static an inappropriate option for this analysis.

Furthermore, it is expressed in the literature [39] that dramatic change in contact pressure may
sometimes make it difficult to complete contact simulations in Abaqus static analysis.

Implicit Dynamic. This solver uses direct-integration method and in Abaqus/Standard it is
called the Hilber-Hughes-Taylor operator which is an extension of the trapezoidal rule [27]. The
Hilber-Hughes-Taylor operator inverts the integration operator matrix and then solves a set of si-
multaneous nonlinear dynamic equilibrium equations at each time increment. This solution is
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done iteratively using Newton’s method.
One of the methods to overcome drawbacks of a static simulation is switching to an implicit

dynamic simulation because the inertial forces act as natural stabilizers [39]. This can increase sim-
ulation time considerably, but it is assured that a converged solution would be found.

The implicit dynamic is unconditionally stable for linear systems and it is a great advantage.
The size of the time increment that can be used to integrate a linear system does not impose a
limit. However, establishing stability results for integration operators in the context of nonlinear
equations is difficult. For practical purposes the linear stability results can be used as an adequate
indication for properties of the integration method for nonlinear systems [40].

Since the focus of this FEA is a final static response, a quasi-static method has been selected.
This has introduced inertia effects to the problem, but since the loading process of EPS is not com-
pletely static, it can simulate real case scenario better. By applying very small time increments the
accuracy of modeling increased and it reached to convergence by spending extra computational
time.

Explicit Dynamic. Explicit methods are inherently dynamic. Explicit solvers can be used suc-
cessfully for quasi-static problems to avoid convergence problems as long as the kinetic energy of
the system is kept low. It is not easy to predict at what level the effect of kinetic energy in respected
problem is low but an acceptable rule of thumb might be to set the limit on the kinetic energy to be
less than 5 % of the strain energy. This goes some way to ensuring that the problem is still essentially
quasi-static [39].

Using mass scaling technique in explicit quasi-static analysis may affect solution by changing
magnitude of kinetic energy [39]. Therefore, in this FEA no mass scaling is considered for explicit
solver.

The dynamic explicit method appears to be very effective in analyzing complex incremental
contact problems [38]. While in implicit dynamic effect of strain rate is minimum and it is suitable
for easy or moderate contact conditions, in explicit dynamic strain rate has significant effect and it
makes the solver efficient in dealing with complex contact conditions.

Explicit analyses offer a substantial required-computational-time-reduction with comparable
outcomes with implicit [41]. This matter was observed during running simulations fed with implicit
and explicit algorithms.

Size of the stable time increment determines the applicability of explicit solver to quasi-static
problems. The program must perform N increments each of t seconds duration, where t is given by
[39]

t = 2

ωmax
(4.5)

and ωmax is the highest eigenvalue in the system. The total number of increments, N , required
to complete the analysis is therefore given by T/t. Reduction of the cpu analysis time for a given
mesh is achievable either by increasing the time increment, t , or reducing the total time, T . There-
fore in this study a total time of 0.5 seconds is considered for explicit analysis.

4.4. Post-processing
In this section, a comparison between results from implicit dynamic and explicit dynamic is pre-
sented and the purpose is to evaluate and then select the most suitable solver for the rest of this
study to implement optimization analysis. Simulations are carried out in a computer with charac-
teristics of Core (TM) i7- 6700 cpu @ 3.4 GHz and RAM capacity of 16 Gb.

The results of simulation for implicit dynamic and explicit dynamic are shown in Figures 4.6 and
4.7. The mesh size for parts including test boss, sleeve and end plate is equal to 5 mm, but the mesh
size for pin is 10 mm since the size of pin is larger than the other parts and the main reason was to
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decrease simulation time.

Figure 4.6: von Mises stress distribution for EPS obtained from implicit dynamic analysis

Figure 4.7: von Mises stress distribution for EPS obtained from explicit dynamic analysis

The load applied to EPS through each of the three circular partitions on the end plate is 310.85
MPa which is equivalent to 200 N m torque to each screw. Based on Eq. (2.15), the preload of M16
screw exposed to 200 N m torque is

Fi = 200

0.2∗0.016
= 62.5K N (4.6)

and since the radius of each partition is considered 8 mm in FE modeling, the resultant pressure
of the preload according to the relation Fi /A is 310.85 MPa.
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By comparing the maximum amount of von Mises stress from the two analysis, it is obvious that
implicit dynamic gives higher value for this parameter. Both of the solvers have captured the maxi-
mum von Mises stress in the end plate pointing out to the back face of it, but besides the magnitude,
the location of maximum stress is also different.

In order to make this comparison more clear, stress states for test boss obtained from the two
different solvers are provide too. Figures 4.8 and 4.9 show stress distributions for the test boss. The
unit of stress is in MPa. Since the experimental job was performed with focus on test boss and
experimental results for this component are available, FE results are given here to evaluate which
solver is more successful in providing reliable results.

Figure 4.8: von Mises stress distribution for test boss obtained from implicit dynamic analysis

By referring to Table 3.3 which gives von Mises stress of the test boss for maximum measured
strain in non-lubricated sleeve condition, it is concluded that implicit dynamic provides better re-
sults than explicit. The drawback of the explicit method is that it is conditionally stable [42]. The
stability limit for an explicit solver depends on maximum time increment given in Eq. (4.5) and it
must be less than the smallest transition times for a dilatational wave to cross any element in the
mesh. Secondly, the explicit method is naturally limited to the analysis of short transient problems.

One of the important items in FE simulation is to apply sufficiently refined mesh to parts. The
level of refinement has direct impact on accuracy and convergence of the results. Regardless of
solver type, coarse meshes can yield inaccurate results in analyses. The numerical solution tend
towards a specific value when the mesh density increases. When further mesh refinement produces
a negligible change in the solution, the mesh is said to be converged. This creates confidence that
for the FEM, the simulations will produce mathematically accurate and reliable results.

The mesh convergence study is usually performed by monitoring any parameter in the analysis
such as temperature, pressure, stresses, strains, energies, etc. The most important parameter for a
particular simulation can be selected to check for convergence. In this thesis, the primary parameter
of concern, is the stress induced in the EPS parts. Therefore the maximum value of von Mises stress
and maximum magnitude of displacement of the test boss are considered for evaluating of mesh
convergence study. Table 4.3 contains the corresponding values. The first simulation with coarse
mesh size of 10 mm for each joint component was unsuccessful to complete the analysis. After 77 %
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Figure 4.9: von Mises stress distribution for test boss obtained from explicit dynamic analysis

progress, the simulation job stopped and the main reason is in fact Abaqus was not able to evaluate
parameters on the integration points because of large mesh size. Joint component like sleeve has a
low thickness on its end section and therefore it is needed to have finer mesh at edges.

Table 4.3: Mesh convergence study

Simulation No. Mesh Size von Mises Displacement

1* 10 - -
2 7 161.27 0.061
3 6 95.18 0.025
4 5 100.51 0.024
5 4 106.86 0.025

6** 2 - -

Note: * Incomplete job; 77 % progress
** Incomplete job; 32 % progress

Simulation number 2 with approximately coarse mesh size was not computationally suitable
and besides considerable simulation time of 9.5 hours its results are not accurate and reliable. Sim-
ulation number 5 provides good results close to experimental results and by comparing it results
with simulation number 4 there is no big difference between them. In order to carry out a more
accurate analysis, simulation 6 was performed, but this simulation job was interrupted. The rea-
son for that is related to CPU and RAM capacity of the system the simulation were conducted by
it. Conducting such a simulation requires using a stronger computer with greater CPU and higher
RAM capacity which is not the focus point in this thesis.

Further discussion about results of FEA is provided in next chapter. The results which will be
discussed are obtained from simulation 5 that not only provides values in good agreement with
experimental results and moreover it is efficient in computational time aspect. The number of ele-
ments produced by this mesh size for end plate, pin, sleeve and test boss include 2516, 15847, 2552
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and 4100, respectively.

4.5. Summary
The methodology and steps of modeling EPS joint in ABAQUS was presented in this chapter. Through
investigation of different solvers available in Abaqus/Standard and Abaqus/Explicit it is concluded
that implicit dynamic algorithm provides better and more reliable results. The adopted mesh size of
4 mm for EPS components is assumed fine enough for the rest of the study which was selected after
mesh convergence study. In the next chapter, results of FEA will be provided and they will be com-
pared with results of theoretical part presented in Chapter 2 and experimental results of Chapter 3.
This is followed by an optimization study in Chapter 6.
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Results of the stress analysis of the EPS will be presented in this chapter. FEA provides an insight into
the stress distributions in the different components of the joint. The pre-processing and processing
steps of the FE simulations are performed according to the methodology described in Chapter 4 and
here, post-processing results are center of focus. As mentioned in Chapter 4, the load applied to EPS
during FE modeling was 200 N m and the FE results are corresponded to that load. The results are
presented separately for each joint component and they are compared with available analytical and
experimental results.

5.1. End Plate
End plate is a part of EPS which has the function of transferring the axial load to expanding sleeve
which leads to clamping force in the joint system. As mentioned in Chapter 4, the modeling of EPS
was simplified to reduce simulation time by omitting of fastening screws and consequently their
contact surfaces. The results of FEA for this part are provided in this section.

The axial stress in the end plate can be determined by S33 in Abaqus. The maximum axial stress
is equal to 318.42 MPa which resulted from pressure of 310.85 MPa applied to each circular partition
on the front face of the end plate. The characteristic of this stress is compressive. The modeling of
end plate is simplified and it does not represent real case scenario, because in real application the
end plate has three holes instead of the circular partitions.

In Figure 5.1, von Mises stress distribution is illustrated and it shows that the maximum von
Mises with magnitude of 405.67 MPa exceeds end plate material true yield strength which is 404.77
MPa. In addition, Tresca stress which is a more conservative yield criteria gives a maximum value
of 451.97 MPa and emphasizes the fact that in some regions of the end plate plasticity has occurred.
In order to have a better understanding of what happens in reality on the test boss a more precise
modeling is investigated.

The end plate in EPS does not have important functional role and even happening of plastic
deformations in parts of it will not affect its functionality. More over, the recommended torque for
tightnening of end plate screws is less than the one considered in FE simulation and in fact lower
stress would be produced in the end plate by applying the recommended torque. However, it is of
interest to know that what would occur when end plate has holes.

In order to evaluate the stress state in the end plate more precisely, a model of it containing three
holes is analysed separately in Abaqus by following the same parameters considered for modeling
EPS. The end plate equipped with three screws has been exposed to axial load of screws and the
back side of the end plate which actually is in contact with face of the sleeve is restricted to have
displacement in z-direction. The illustration of end plate exposed to axial load of screws is shown
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Figure 5.1: von Mises stress in the end plate

in Figure 5.2a. The reaction force on the back side of the end plate is shown in Figure 5.2b and
it resembles contact force between the end plate and sleeve since the area of applying this simply
support condition has exactly the same cross sectional area of the sleeve. The maximum reaction
force is 6.605 kN.

(a) End plate model representing actual condition
(b) Reaction force at the perforated end

plate

Figure 5.2: Actaul model of end plate

The maximum principle stress in the perforated end plate with the three holes is 622 MPa which
is much higher than material yield strength. The location of the maximum stress is at the edge of
the holes exactly under collar of the tightening screws and the reason is the sharp edge which has
resulted in stress concentration. The von Mises stress state in the perforated end plate is similarly
showing the maximum stress at the edges of the holes with a value higher than yield as is shown in
Figure 5.3. The maximum Tresca stress happens at the same location as maximum von Mises has
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happened with value of 506.47 MPa.
There are no experimental result for end plate to compare it with the FE result. Up to knowledge

of author, there is also no direct formula for a circular perforated plate subjected to pressure loading.
Therefore FE tool is a useful and reliable tool to perform a stress analysis on such a part.

Figure 5.3: von Mises stress in the perforated end plate

5.2. Sleeve
In this section, FE results of sleeve is provided. Sleeve plays the most important role in EPS joint,
because its expansion leads to creation of clamping force. Figure 5.4 shows von Mises stress dis-
tribution in the sleeve. The level of this stress is in elastic region in different parts of the sleeve.
The maximum value is 337.7 MPa which has happened in the collar edge near the contact surface
between the end plate and sleeve. The characteristics of this stress is tension which is related to
expansion of the sleeve. As it was expected, the back side of the sleeve collar has experienced a low
level of stress since it does not have any contact with other parts and the stress of this region is re-
sulted from Poisson’s effect. Tresca stress state is similar to von Mises stress and it points out the
maximum stress at the same region as von Mises criteria with difference in magnitude with a value
of 384.1 MPa, around 14 % higher than maximum von Mises stress.

There has been no experimental study in this thesis in order to obtain results for strains and
stresses in sleeve. However, the accuracy of formulas presented in Section 2.2 can be evaluated
here. Those formulas are derived for a perfect sleeve without any slits while the sleeve in Bondura
EPS has four slits which one of them is a cut-through (complete cut). It can be useful to investigate
to which extent those formulas are valid or whether they can be used in practice for a split sleeve.

Eq. (2.32) provides radial stress for sleeve in its contact surface. In order to be able to find radial
stress along the tapered length of the sleeve, it is required to calculate stress derivative through Eq.
(2.52) since both the radial stresses of sleeve and pin vary along the tapered length and they are
dependent on the rate of change in stress. The simplified form of Eq. (2.32) after finding stress
derivative is
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Figure 5.4: von Mises stress state in sleeve

σ2r = p(R −xt an(β))2cos(β)(1−µt an(β))

(R −xt an(β))2 − (rz0)2 (1− r 2
z0

r 2 ) (5.1)

By substituting sleeve geometrical characteristics including; R = 43.4 mm, rz0 = 44.45 mm, β =
12°, and friction coefficient µ = 0.2, the above equation yields

σ2r = 0.9366215516p(0.0434−0.2124107526x)2

(0.0434−0.2124107526x)2 −0.0019758025
(1− 0.0019758025

r 2 ) (5.2)

It is clear that Eq. (5.2) is a function of both x and r due to taper and by finding pressure, p,
thorough Eq. (2.19), the radial stress for sleeve could be achieved.

The corresponding stress for sleeve in FE simulation is S11 (the maximum principle stress) when
it is in horizontal plane, because other planes will add stress components which requires further cal-
culation to find out radial stress. This is valid as if the effect of shear stresses are ignored. Therefore,
a path is defined in the horizontal plane across the tapered length of the sleeve equal to the contact
length. This path is shown in Figure 5.5. It is along one of the sleeve cuts (it could also be defined
on the other side due to symmetry). The radial stress on this path is compared with the result of
Eq. (5.2) in Figure 5.6a. Figure 5.6b shows the contact length between the sleeve and pin which is
approximately 35 mm.

Figure 5.6a shows that both theoretical and FE results predict an increase in the magnitude of
radial stress as it moves from the edge of the sleeve towards its collar which is equivalent to move
from approximately beginning of pin taper towards its end. However, FE curve has some unusual
jumps which could be related to inaccuracy of FE calculations on the integration points due to mesh
size. This matter needs more study. The dash line is a linear trend line for FE curve which highlights
the stress increase at the end of the pin. Furthermore, it could be expressed that the prediction of
Eq. (2.32) for maximum radial stress is in good agreement with FE results even though it is for a
perfect sleeve.

There are no theoretical formula to derive hoop stress for sleeve, thus presenting FE results for
sleeve are ignored. Another parameter with great importance that can be studied in this section is
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Figure 5.5: Radial stress state in sleeve

(a) Sleeve radial stress along contact length (b) Illustration of contact length

Figure 5.6: Sleeve radial stress

contact pressure between sleeve and pin. Eq. (2.19) gives contact pressure between pin and a perfect
sleeve. Using this equation and regarding the material and geometrical characteristics of sleeve,
the contact pressure is derived along contact length and it is depicted in Figure 5.7a. The contact
pressure increases from sleeve edge towards its collar. The contact pressure obtained from FEA is
given in the same graph for both sleeve and pin. The contact pressure of the sleeve obtained from FE
is in good agreement with the graph of theoretical formula even though it is not completely uniform
and has some dramatic peaks and troughs. It was expected that FE results for both sleeve and pin
would have the same value, but they are different. This matter is related to definition of master-
slave surfaces. The surface of pin is defined as master which experiences less deformation during
contact while the surface of sleeve is defined as slave and since it undergoes larger deformation it
has higher contact pressure. Based on the comparison between the theoretical and FE results it can
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be concluded that Eq. (2.19) is appropriate for prediction of contact pressure of the sleeve-pin.

(a) Contact pressure along the contact length (b) Sleeve pressure distribution, FE

Figure 5.7: Comparison of contact pressure

5.3. Pin
In this section, theoretical and analytical results for pin are subject of investigation. Similar to the
case indicated for sleeve, S11 stress in Abaqus which is the maximum principle stress at horizon-
tal plane resembles pin radial stress. Distribution of S11 and a path parallel to the one used for
presenting radial stress for sleeve are shown in Figure 5.8.

Figure 5.8: Radial stress state in pin

Eq. (2.21) from theoretical chapter gives radial stress for pin. This equation is dependent on
stress derivative similar to Eq. (2.32) which is valid for sleeve. Variations of radial stress along the
corresponding path for both theoretical formula, Eq (2.21), and the FE results are shown Figure 5.9.
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By comparing the two graphs it is visible that FE and theoretical results are not in good agreement
with each other. In different regions along the contact length discrepancies exist between the two
curves. FE method calculates the stress value for each element and since the sleeve has four slits
which one of them is a complete cut the induced pressure of sleeve to pin is not symmetric and
it is actually non-uniform. Therefore existence of non-uniformity in radial stress of the pin is not
strange. FEM shows this matter and local differences are visible in the FE graph. Both FE and theo-
retical methods show increase in the magnitude of radial stress along the contact length.

Figure 5.9: Pin radial stress along contact length

FE results show that the maximum von Mises and Tresca stresses happen at the same point
that maximum principle stress, S11, has occurred and their values are 57.62 MPa and 66.31 MPa,
respectively.

Pin axial stress is another parameter that can be investigated here. Figure 5.10 shows axial stress
distribution along the pin length. The FEM has predicted the maximum axial stress at the other end
of the pin where it was completely restricted to move as a clamped support. In addition, on the other
side which is in contact with the sleeve, stress distribution is different from analytical method. The
analytical method considers maximum axial stress at the end of pin taper and assumes its minimum
value equal with zero at the beginning of the taper (x=0 at Figure 5.6b). But the FE results are in
contradiction to theoretical results and they show that at the end of pin taper the axial stress is
less than at the beginning of taper. Furthermore it shows that the center of the pin experiences
lower stress than the outer parts of the pin which can be considered reasonable since the axial force
affecting on the pin is created due to axial load on sleeve and the sleeve is hollow.

The theoretical expression for axial stress of pin was shown in Figure 3.9 and it is provided here
again in Figure 5.11 in order to make a comparison between the theoretical and FE results with this
difference that here it is drawn for applied torque of 200 N m. Because of compressive nature of the
axial stress a negative sign is added to the theoretical stress to represent its nature. The theoretical
method shows an increase from beginning of pin taper towards its end i.e. from x=0 to x=35 mm
while FE results shows an opposite behavior. The theoretical method predicts pin maximum axial
stress equal to 46.38 MPa and the corresponding FE value is 41.9 MPa. This difference in prediction
of longitudinal stress distribution highlights the need for applying a finer mesh, but unfortunately
running a simulation with finer mesh interrupted due to RAM capacity. However, it looks like that
assumption for theoretical stress distribution on BC expressed in Eq. (2.47) that considers zero stress
at the beginning of taper is not valid enough and requires further investigation.

Pin hoop stress can be determined by evaluating S22 at horizontal plane. The maximum ob-
served value for pin hoop stress is nearly identical to its radial stress which is around 69.69 MPa.
Tresca and von Mises stress distributions along the tapered end are higher at the end of the pin (x =
35 mm) and decrease towards the beginning of the taper.
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Figure 5.10: Axial stress state in pin

Figure 5.11: Comparison of axial stress between FE and analytical along contact length

5.4. Test Boss
FE results of the test boss are presented in this section and they are compared with experimental re-
sults of Chapter 3. The von Mises stress state for the test boss produced in post-processing of Abaqus
is shown in Figure 5.12. The magnitude of maximum von Mises stress in the test boss predicted by
FEM is close to the value which was calculated before and present in Table 3.3 based on experi-
mental measurements. The prediction of FEM for test boss maximum von Mises stress is 107.59
MPa while the corresponding experimental value is 124.07 MPa and it shows that FEM has good
accuracy. However there is a difference between position of the maximum von Mises in the test boss
predicted by FEM. Abaqus predicts the position of the maximum von Mises stress aroud angular po-
sition of 155°, while based on the experimental measurements performed by strain gauges installed
at angular positions of 0°, 90°, 180° and 270°, the maximum von Mises has been found to occur at
90°. The FE predicted point was not placement for any strain gauge during experiments, therefore
it could be concluded that further experimental research is required to investigate this subject.

Tresca stress is another criteria to be compared for the test boss. FEM gives maximum Tresca
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stress at the same point that von Mises has occurred and its magnitude is 120.04 MPa which com-
pared with experimental value of 131.2 MPa (Table 3.3) could be considered as a close result. It is
believed that applying a finer mesh to EPS components can make the FE results closer to experimen-
tal results. The other reason for existence of difference between the results of these two methods is
simplifications applied during FE modeling.

Figure 5.12: von Mises stress state in the test boss

Abaqus provides principle stresses for each joint component. These principle stresses at differ-
ent planes can present hoop, radial and axial stresses. In order to extract hoop stress for the test
boss two different cuts are applied to it as shown in Figure 5.13. By applying a cut using the vertical
plane, hoop stress is obtained for the test boss by reading S11 and similarly S22 gives the hoop stress
by cutting the test boss using a horizontal plane. Abaqus calculates S11 and S22 for each element
and it shows a non uniform stress distribution along the cross sections of the cuts with higher values
on inner surface of the test boss. In order to make a comparison with experimental results only the
maximum value on each cross section is considered. The comparison of FE and experimental hoop
stress on inner surface of the test boss is given in Table 5.1. The similar comparison for hoop stress
on the outer surface of the test boss is provided in Table 5.2.

Table 5.1: Comparison of hoop stress in the test boss on its inner surface

Angular Position Experimental (Mpa) FE (MPa) FE Error %

0° 55.93 85.9 53.58
90° 96.82 75.77 21.74

180° 57 84.85 48.86
270° 60.19 83.82 39.26

By comparing the results from Tables 5.1 and 5.2 it is concluded that accuracy of FEM to predict
hoop stress is not exact and it has some considerable deviations from experimental values. In the
case of hoop stress on inner surface of the test boss besides the difference in values between FE
and experimental, FEM predicts the position of maximum hoop stress in the horizontal plane while
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Figure 5.13: Hoop stress state in the test boss

Table 5.2: Comparison of hoop stress in the test boss on its outer surface

Angular Position Experimental (Mpa) FE (MPa) FE Error %

0° 36.12 51.59 42.83
90° 62.37 50.97 18.28

180° 36.75 49.44 34.53
270° 38.83 48 23.62

experimental results indicate that the maximum hoop stress has happened on the top part of the
test boss at 90°. FEM predictions for the hoop stress on outer surface of the test boss are better than
previous case, but still the magnitude of error is significant.

Radial stress is another subject of study and comparison. Radial stress distribution along the test
boss is shown in Figure 5.14. The radial stress values from FEM are compared with corresponding
values from experimental measurements in Table 5.3. Compared to the hoop stress, FEM predic-
tions for radial stress are closer to experimental measurements. Moreover, FEM predicts the posi-
tion of maximum radial stress correctly, pointing out at top of the test boss at angular position of
90°, similar to test results.

Table 5.3: Comparison of radial stress in the test boss

Angular Position Experimental (Mpa) FE (MPa) FE Error %

0° -19.86 -19.07 4.14
90° -34.37 -27.91 23.15

180° -20.24 -18.65 8.53
270° -21.37 -15.84 34.91

The principle stress S33 in Abaqus represents axial stress in the test boss. This stress originates
from friction force between sleeve and test boss. Experimental results show a nonuniform axial
stress along the circumference of the test boss since the radial stress which is the main component
for creation of axial stress is not uniform (Table 5.3, second column).
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Figure 5.14: Radial stress state in the test boss

Figure 5.15: Test boss axial stress

The axial stress from experimental method can be calculated by Eq. (3.5). By assuming friction
coefficient µ= 0.2, the equation is simplified to 0.277σr (i nt ). Based on this assumption, the mini-
mum and maximum experimental axial stress are -6.16 MPa and -10.65 MPa where the negative
sign shows the compressive characteristic of this stress. The FEM predicts the axial stress of the
test boss between the range of -22.67 MPa and +5.5 MPa indicating that both the compressive and
tensile stresses have occurred in the test boss. Occurrence of tensile stress in some part of the test
boss seems to be logical since compressive frictional force in inner side of the test boss pulls its
surrounding materials. This can be considered one of the advantages of the FE that can capture
material behavior locally and it is not restricted to present only an overall response as the theoreti-
cal method does. As the stress vectors show in Figure 5.15, most of the test boss experiences an axial
stress in the range of -4 MPa to -13 MPa which is close to experimental range.
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5.5. Parametric Study on Friction Coefficient
Friction Coefficient, µ, is the only parameter whose value is assumed during both theoretical and
FE studies. The value of friction coefficient is assumed 0.2 based on the proposed values for steel-
steel surface interaction [3]. Since in the experimental study of this thesis a series of tests were
carried out on lubricated sleeve 3.2.2, a parametric FE study is carried out to evaluate the effect of
this coefficient and compare the results to achieve a better view on this parameter. The effect of
variation of µ is studied on pressure and stress in EPS joint components.

The variations of µ has direct effect on pressure and stress state of the joint components except
the end plate. The parametric study shows that the stress state of the end plate is not affected by
variations of µ. The other joint components experience change in pressure and stress as µ varies.
Table 5.4 shows variations of pressure based onµ. The values of this table are the maximum pressure
occurred in the joint components according to FEM. They indicate by decreasing µ the pressure
experienced by EPS joint components increases. This is totally in agreement with experimental
results provided in Figure 3.16 for the test boss which shows that lubrication has resulted in increase
in the magnitude of radial stress and consequently pressure (sinceσr adi al = -p). The unit of pressure
in the table is in MPa.

Table 5.4: Variation of pressure based on µ

Part µ=0.4 µ=0.3 µ=0.2 µ=0.1

Sleeve 171.934 183.186 189.333 191.101
Pin 20.834 24.609 33.096 46.060

Test boss* 16.301 20.779 28.159 43.884

Note: * The pressures of the test boss are compressive.

When µ decreases between contact surfaces of the joint components, the level of wasted energy
due to friction decreases and it results in higher stress state in the components. In order to evaluate
the effect of µ on the stress state of the components von Mises stress has been the subject of con-
centration. Figure 5.16 illustrates variations of von Mises stress in the test boss and it is obvious in
the images that as long as the µ decreases more regions in the internal surface of the test boss expe-
rience higher stress and in addition the stress distribution becomes more uniform. Accumulation of
stress in the front side of the test boss distributes better throughout the test boss when µ decreases
and this matter is observable for µ = 0.2 which is near to real case scenario.

Figure 5.16: Variation of von Mises stress in the test boss based on µ (FC: Friction Coefficient)

The values of maximum von Mises for joint components with different µ values are provided
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in Table 5.5. Except the different behavior of von Mises stress versus µ for sleeve, the other joint
components follow the rule that as µ decreases the level of von Mises increases. The reason for the
unusual behavior of sleeve could be related to larger deformations and displacements of it, because
greater µ values mean more resistance against relative movements and consequently higher stress
state.

Table 5.5: Variation of von Mises stress based on µ

Part µ=0.4 µ=0.3 µ=0.2 µ=0.1

Sleeve 400.595 356.406 337.715 347.777
Pin 27.884 29.384 38.027 59.621

Test boss 81.584 90.753 107.594 149.893

The maximum von Mises stress calculated for the test boss in lubricated sleeve condition was
262.08 MPa (Table 3.3). This value is much higher than the maximum value of von Mises stress for
the test boss in Table 5.5. This means in experimental tests for lubricated sleeve the value of µ was
lower than 0.1.

The variations of von Mises stress with respect to µ for the test boss is shown in Figure 5.17. At µ
= 0.2, FE von Mises stress is approximately 12% lower than the experimental value. By keeping this
difference, µ can be extrapolated using the following equation

vonMi ses =−2964.3µ3 +3051.5µ2 −1130.9µ+235.44 (5.3)

where the above equation is a cubic polynomial extracted from the trend line tangent to the FE
curve. By reduction of 12% from the experimental value of 262.08 MPa, the corresponding µ for
lubricated sleeve is found to be 0.0043. It means using Bondura lubrication paste has reduced µ to
the mentioned value. These argument is valid for assumed value of µ = 0.2 for non-lubricated state,
however more experimental study is required to find the exact value of µ.

Figure 5.17: Variations of von Mises stress wrt µ for the test boss

It is possible to find the friction coefficient in the EPS according to the von Mises values in the
test boss. If we trust the FE results and consider them as basis, by drawing a horizontal line which
passes through the experimental value of 124.07 MPa, the intersection point on FE curve in figure
above gives friction coefficientµ = 0.16 in the joint system. This value is not conservative and finding
a more precise value for friction coefficient in the Bondura EPS needs more experimental research.
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5.6. Summary
In this chapter, the finite element results extracted from post-processing part of Chapter 4 were
presented and compared with the theoretical and experimental results. Every component of the
EPS joint were investigated separately and their stress state were discussed in details.

The FE results of end plate showed local plasticity in regions subjected to axial load, therefore
a simulation close to its real geometry containing holes for inserting fastening screws were carried
out and a better stress illustration were achieved for this component.

The FE results for sleeve including radial stress and contact pressure were very close to proposed
values of theoretical formulas of Chapter 2. Therefore it is concluded that Eq. (2.19) and Eq. (2.32)
can be used to estimate pin-sleeve contact pressure and radial stress, respectively, even though they
are derived for a perfect sleeve without any slits.

The FE results for pin were not in good agreement with theoretical formulas of Chapter 2 includ-
ing Eq. (2.19) and Eq. (2.21) specially axial stress distribution along pin taper. This difference maybe
related to mesh size since applying finer mesh requires having a stronger computer with higher CPU
and RAM capacity. Moreover, it can be expressed that assumptions taken in theoretical method are
not completely precise and this matter requires experimental method to find where the positions of
the maximum and minimum are located in the pin considering that the load exerted on the pin is
through the tapered part, not the end of the taper.

The FE results for test boss were in good agreement with experimental results. Although FE
hoop stress predictions for the test boss were not so precise, other stress components like von Mises,
Tresca and radial stresses were close to experimental results.

The parametric study on friction coefficient shows that when friction decreases the magnitude
of pressure and stress in joint components increase except for sleeve where it showed an opposite
behavior. This matter is compatible with experimental results for the test boss. Moreover an approx-
imation formula for relation between von Mises stress versus friction coefficient in the test boss was
derived based on the results of the FE parametric study.
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6
Optimization

To produce sustainable and competitive products parameters like selection of parts material and
geometric design are very important in industry. Optimization is a useful tool to create an appro-
priate component in early stages of design process or even to promote the design of an existing
component.

The concept of structural optimization is divided into three categories including size, shape and
topology optimizations [43]. Based on the definitions for these categories it is concluded that size
optimization is not related to optimization problem of this study because this type of optimization
often deals with issues related to truss-like structures mostly bridges, support frames and etc. In
size optimization a nonsupporting member could be fully removed if its radius or height is included
in the variable groups and moreover it is also concerned with changing the thickness of plates [44].

Topology and shape optimizations are useful tools to provide an optimal component design in
early phases of the design process while preserving strength and endurance requirements of com-
ponents. A topology optimization in a finite element context modifies the connection between ele-
ments in association with pre-defined objectives and constraints [43]. In other words it is reduction
in the amount of material while the stiffness of the structure or component is preserved at a level to
endure or resist applied loads with respect to predetermined design safety factor. Since this reduc-
tion of material needs more machining process on the pin and it means more time and cost due to
machining operations, topology optimization is put aside in this study. It is worth mentioning that
topology optimization could be a subject of study if the production method of pin was molding or
3D printing where mass reduction means reduction of production time and consequently costs.

In shape optimization process on a structure or component, shape in the terms of thickness
and radius undergoes changes. As there is always a need to reduce mass of a final product in order
to cut the production cost while preserving the aspect of manufacture-ability, it is becoming more
usual to include shape optimizations in early phases of the component development process. There
are some parameters like angle of taper for the ends of the pin and pin strength (shear capacity vs
contact stresses on inner side of support) which are very important and are considered in shape
optimization process of the pin.

During the previous chapters by investigating the analytical, experimental and FEM a thorough
understanding of loads and stresses impacting on expanding joint mechanism is achieved and the
obtained results are used in optimization process through this chapter.

The optimization process of this chapter is carried out for Bondura EPSΦ88.9 exposed to recom-
mend torque of 160 N m. An extra FEA was run to obtain input data for the intended optimization.
The results of this simulation show that all of the components of the EPS experience deformations
in elastic region while as mentioned in Chapter 5, end plate had some local plasticity when the joint
was loaded with a load equivalent to 200 N m torque.
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6.1. Shape Optimization
The objective of this section is to perform a structural shape optimization and determine the opti-
mal shape which improves the stress distribution in the test boss (actually equipment support) and
to reduce the stress level in this part. The shape optimization process is carried out in Abaqus Topol-
ogy Optimization Module (ATOM). Conducting the optimization process for whole the assembly was
not possible since Abaqus shape optimization is only viable for General Static and Perturbation al-
gorithms and due to using Dynamic/Implicit for analysis of EPS joint in this study, considering all
joint components was impossible. Therefore, just pin component is considered in shape optimiza-
tion process with objective to improve its shape. In practice, the diameter of the pin is determined
based on diameter of the equipment bore, but the taper angle of pin at its ends is a variable param-
eter which can be optimized.

In order to carry out a shape optimization, it is necessary to define a loading scenario for the
joint assembly. Bondura EPS is used in different heavy industrial machines and in this study a load-
ing scenario which is common in lifting operation of a crane is considered as a case study (shown in
Figure 6.1).

Figure 6.1: Bondura® EPS application in
crane [1]

Even though the pin is considered as a single part in opti-
mization process, but the effect of contact pressure imposed
from sleeve cannot be ignored. Thus, based on the magnitude
of von Mises obtained in FEA and the form of stress distribu-
tion along the pin, a preload is defined for it. This preload
could be achieved by applying either a pressure on the tapered
ends of the pin which in fact were in contact with sleeve or by
applying a surface traction force. Considering pressure as a
preload is more acceptable since it creates a similar stress dis-
tribution in the pin with just this difference that the position of
maximum von Mises stress is changed.

The loading of pin is in fact divided into two steps, the first
step as mentioned for load imposed from sleeve which is pro-
duced by applying 63 MPa pressure to the pin tapers and the
second step for lifting a weight of 20 tones which is modelled
by applying a pressure of 10.04 MPa to the upper surface of the
pin. In both loading steps, the load increases linearly from zero up to the maximum value.

The boundary conditions of the pin are modeled in a way to provide pin stress distribution sim-
ilar to its state in joint. One end of the pin with shorter taper length (right side) is constrained in all
three translational movements and moreover it is restricted to have rotational movement around
z-axis. The other side of the pin is restricted in x and y directions.

In order to carry out the optimization task mesh smoothing capability of the Abaqus has been
used. The left taper of the pin is considered as the design area and it is actually the region of the pin
that will be modified during the optimization process. Determination of the maximum von Mises
in the design area is done by creating design response setup. The objective function is defined to
minimize the maximum von Mises stress throughout the design response area. Another parameter
in optimization process is defining constraints. It is set by keeping the volume of the design response
unchanged during the optimization process.

Geometry restriction imposes more constraints. Through this process, two geometry restric-
tions are defined; one rotational symmetric restriction which is applied to tapered part in order to
preserve the roundness of optimized shape and the other one is a fixed area which is applied to the
middle part of the pin since the diameter of this part should be unchanged.

In first step of the loading to the pin which resembles the sleeve contact load to pin, the max-
imum von Mises in pin is 45.946 MPA and in second step related to the lifting operation load the
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resultant von Mises is 71.68 MPa occurring in the right side of pin midpart near to its taper. There-
fore, the shape optimization is done in a way to minimize maximum von Mises in the midpart of
the pin. The BCs and von Mises stress distribution of pin while it is under operational condition is
shown in Figure 6.2.

(a) Boundary conditions and loading to pin in
operation

(b) Pin von Mises stress distribution in operation

Figure 6.2: Pin in Operation

After running the optimizing simulation, the final shape of the pin with new configuration on
the left taper is achieved. The steps of ATOM optimization, the new shape and also the magnitude
of von Mises after optimization job is shown in Figure 6.3.

Figure 6.3: The steps of shape optimization for pin

The optimized shape does not follow a linear shape and the profile is approximately a hyper-
bolic curve. Basically, it is necessary to carry out an extra analysis to examine the distribution and
magnitude of von Mises in EPS joint to evaluate the effect of optimized shape. This can be done
after applying modifications to the final optimized shape produced by Abaqus [45, 46].

By looking at image of cycle 10 in Figure 6.3, two main drawbacks with the final optimised shape
are visible. The first one is related to the protrusion produced at the beginning of taper. This bulge
will prevent insertion of pin inside the support bore. The second drawback is due to existence of
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dent near the end of the taper. This will cause problem for mating of pin-sleeve. Thus, the profile
of tapered section is modified and it is shown in Figure 6.4a. The taper of the sleeve is modified to
provide a perfect mating while it is mounted on the pin (Figure 6.4b).

(a) New profile for pin (b) New profile for sleeve

Figure 6.4: Modified profile of pin-sleeve taper after optimization

Von Mises stress distributions in EPS components are illustrated in Figure 6.5a after running FE
simulation. In order to provide possibility for making comparison between stress state of optimised
shape with current Bondura EPS joint which has angle of taper equal to 12°, von Mises stress distri-
bution of the latter is provided in Figure 6.5b. It is worth to emphasize that the FEA is conducted for
applied torque of 160 N m which is proposed by Bundora Technolgy AS.

Starting the comparison from the end plate, it is observable that distribution of von Mises is
similar in both cases of optimised shape and current shape. The only difference is related to mag-
nitude of von Mises stress which can be justified based on relative movements or displacements
of end plate. Due to curved profile of pin-sleeve taper in optimised shape, the advancement of
sleeve on pin is reduced and therefore the relative displacement affects stress level. During assem-
bly of components in Abaqus model, two assembly constrains were defined for end plate and sleeve
attachment including coaxial and face-to-face contact. Therefore movements of sleeve has direct
effect on displacements of end plate and thus its stresses.

The sleeve with new profile of optimised shape experiences a better stress distribution along its
length and in addition, the magnitude of maximum von Mises stress occurring in sleeve is decreased
from 275.25 MPa to 203.93 MPa. Furthermore, in optimised shape, the location of maximum von
Mises stress has change from collar to beginning of the sleeve taper.

By comparing the von Mises stress state in optimized shape and current design of pin, it is obvi-
ous that the stress distribution in optimized shape is localized to beginning of the taper. The magni-
tude of von Mises stress has increased considerably by factor of 3. This amount of stress may affect
the lifetime of the pin considering in the FE simulation, EPS was only subjected to screws preload.
It is clear that in real operation that joint system is exposed to external load, the magnitude of stress
in pin will increase.

Test boss which resembles equipment support is definitely the most important joint compo-
nent. Therefore, the level of stress in test boss is very important since it has direct impact on wear
characteristics and rigidity of the joint. The optimized shape of the taper leads to creation of more
stress in the test boss and the values show an increase from 85.49 MPa to 128.62 MPa which indi-
cates 50% increase. Based on this fact, it can be concluded that the magnitude of torque applied to
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(a) Optimised shape

(b) Current design

Figure 6.5: Von Mises stress distribution in EPS components

EPS screws can be decreased in order to have the same level of stress.
However, one of the critical aspects of this optimised shape is that it causes localization of stress

to a specific region of the test boss, while the current design shows relatively a uniform stress dis-
tribution. This issue may affect the wear phenomena in equipment support and can have negative
effect on the lifetime of the equipment, but it is not a serious problem, since by increasing the ap-
plied torque to EPS screws it is possible to expand sleeve to higher extent regarding the fact that
the optimised shape requires lower torque for the same value of clamping force. Further investiga-
tion about stress state and capabilities of the achieved optimised shape needs more experimental
research.
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6.2. Parametric Study of Pin-Sleeve Angle of Taper
In order to analyse the effect of pin-sleeve taper on stress distribution of the EPS joint, a parametric
study was conducted to provide a better understanding about this feature. The analysis was per-
formed for five different angles of taper for pin-sleeve mating surface including 8°, 10°, 12°, 14° and
16°. Thickness of end part of the sleeve in all cases was preserved equal to 1 mm to represent a
manufaturable sleeve.

The corresponding maximum value of von Mises stress and pressure are given in Tables 6.1 and
6.2. The simulations related to angles of taper 8° and 10° were unsuccessful to be completed and the
appeared error code was related to RAM capacity. Therefore, the mesh size of pin was changed from
4 to 8 to reduce the number of elements and volume of calculations. Even applying this coarser
mesh did not lead to completion of the jobs and as it is indicated in the note section of Table 6.1,
the jobs partially ended. However, the results are acceptable since they follow the pattern observed
for the other three angles. It is believed that stress values for taper angles of 8° and 10° are a little
bit more than given values in the following tables, specially for the pin since it has coarser mesh it
definitely becomes more rigid and due to lower deformations, it experiences lower stress level. This
matter is clear when comparing the values of von Mises and pressure for the pin.

Table 6.1: Maximum von Mises stress in EPS components vs pin-sleeve angle of taper

Part 8° 10° 12° 14° * 16° **

End plate 320.53 297.67 349.08 283.51 286.96
sleeve 253.35 187.03 275.25 230.74 192.35

Pin 23.85 24.62 45.95 44.65 43.32
Test boss 99.11 92.44 85.49 77.53 71.67

Note: * Incomplete job; 94.84 % progress
** Incomplete job; 93.27 % progress

Table 6.2: Maximum pressure in EPS components vs pin-sleeve angle of taper

Part 8° 10° 12° 14° 16°

End plate 293.47 284.03 299.01 262.91 245.91
sleeve 94.28 96.937 153.47 105.51 97.47

Pin 27.00 25.22 37.378 38.62 42.28
Test boss 26.01 23.83 22.52 18.84 17.11

To assess the results better, the values of the previous tables are illustrated in Figure 6.6. Both
maximum von Mises stress and pressure in the test boss increase linearly as the angle of taper de-
creases. The reason is related to the thickness of the sleeve. When the angle of taper in sleeve
decreases the thickness of sleeve along the taper length will decrease. Therefore for the same axial
preload, the deformation of sleeve and consequently experienced stress will increase. In addition, it
can be concluded that both von Mises and pressure in pin behave independently from variations of
angle of taper according to discussion indicated about mesh size and partial completion of analysis
for taper angles of 8° and 10°.

The optimal angle of taper is an angle which creates the maximum radial stress or pressure in the
equipment support, here the test boss, while keeping the total stress in the joint components as low
as possible. By looking at Figure 6.6b it is clear that taper angle of 12° creates the maximum pressure
in the sleeve with significant difference compared to other angles. However, this angle creates high
level of stress in the sleeve. Other angles like 10° and 16° result in lower stress level in the sleeve, but
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(a) von Mises vs angle of taper (b) Pressure vs angle of taper

Figure 6.6: Effect of angle of taper on stress state of EPS parts

they do not create radial stress as high as 12° that may lead to slack in the joint. Therefore, 12° has
advantage over these two angles.

Considering the fact that rigidity of the joint and prevention of slack are the most important
parameters in the joint system, and also noting that stress level in the sleeve (and other components)
are in elastic region, it can be concluded that angle of taper of 12° gives the most appropriate result
ensuring a rigid and reliable joint.

6.3. Summary
In this chapter, based on results of FEA which were compared and validated with respect to exper-
imental results, a shape optimisation analysis was carried out using Abaqus optimization module,
ATOM. The optimization process resulted in a profile which needed modifications. After applying
modifications to the produced profile for pin-sleeve taper, a FEA were implemented. The results
show that the optimized shape creates higher stress and consequently clamping force for the same
magnitude of applied torque to the EPS. This means by adopting the optimised shape, lower amount
of torque is required for the same clamping force compared to the current design which has angle
of taper equal to 12°.

A parametric study were carried out in order to assess the effect of pin-sleeve angle of taper in
more details. The results of this study show that angle of taper of 12° creates the maximum pressure
and radial stress in the test boss which means higher magnitude of clamping force in EPS compared
to other angles in the range of 8° to 16°.
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7
Conclusion and Recommendations

7.1. Conclusions
This thesis has attempted to address the aims and objectives set out in Chapter 1, Section 1.3. of
the thesis. The experimental part of this thesis which was prepared for three different test layouts
including non-lubricated sleeve, lubricated sleeve and lubricated cut sleeve has provided detailed
information about stress distribution and magnitude in the test boss that resembles equipment
support. The experimental results clarify that stress concentrations happen in regions near sleeve
cut-through and in regions next to it (with 180° angular distance from sleeve cut-through).

Measured results by CMM show that at the beginning of screw tightening, expanding sleeve
moves forward along the pin taper, but after reaching to a level of torque (around 80 N m), sleeve
advancement stops and pin undergoes tension and elongates.

Other findings of the experimental study is related to dissipation of energy applied to EPS via
torque. Around 63% of the applied torque dissipates in the form of elastic hysteresis and expanding
the sleeve and only 37% of it is effectively used to expand the test boss. A part of dissipated torque
which is around 33% is used to deform the sleeve elastically and about 30% of it is wasted in the
form of elastic hysteresis deformation in different joint components to overcome friction.

The FE results for sleeve including radial stress and contact pressure are very close to proposed
values of theoretical formulas of Ref. [2]. Therefore it is concluded that those formulas can be used
to estimate pin-sleeve contact pressure and radial stress, even though they are derived for a perfect
sleeve without any cuts. However, FE results for pin are not in agreement with the corresponding
theoretical formulas. One of the reasons maybe related to mesh size since mesh size can affect
results of FEA. The FE results for test boss were in good agreement with experimental results. FE
results for von Mises, Tresca and radial stresses are very close to experimental results and the partial
differences are probably related to assumptions and simplifications.

FE parametric study on friction coefficient shows that when friction decreases the magnitude
of pressure and stress in joint components increase except for sleeve where it showed an opposite
behavior. This matter is compatible with experimental results for the test boss. Moreover an ap-
proximation formula for prediction of von Mises stress in the test boss was derived based on the FE
parametric study results.

The shape optimisation analysis in this thesis was carried out using Abaqus optimization mod-
ule, ATOM. The optimization process resulted in a profile which needed some modifications. Af-
ter applying modifications to the produced profile for pin-sleeve taper, a FE analysis were imple-
mented. The results show that the optimized shape creates higher stress and consequently clamp-
ing force for the same magnitude of applied torque to the EPS. This means by adopting the op-
timised shape, lower amount of torque is required for the same clamping force compared to the
current design with angle of taper equal to 12°.
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FE parametric study on pin-sleeve angle of taper show that angle of taper of 12° creates the
maximum pressure and radial stress in the test boss which means higher magnitude of clamping
force in EPS compared to other angles in the range of 8° to 16°.

7.2. Recommendations for Future Works
Some recommendations for further research about EPS and the results obtained in this thesis are
suggested as follows:

1. The experimental study in this research is carried out on a test boss with the shape of a thick
cylinder, while in practice the equipment support that EPS is installed in has other shapes like
eye pad, thick plate etc. Therefore it is recommended to conduct experimental or FE studies
regarding these different shapes of the support.

2. Modelling the whole EPS containing fastening screws will provide a better presentation about
real stress state in the joint. Abaqus has the ability to apply bolt preload. Conducting this
analysis is highly recommended.

3. The purpose of this thesis was to find out the stress distribution and magnitude in the equip-
ment support, but other aspects like functioning of the pin under different types of loading
can be proposed since EPS is used in different type of heavy machines.

4. The optimization process implemented in this study was performed based on von Mises stress
in the pin. However in practice, pin undergoes dynamic loads during operation. Therefore
implementing an optimization process based on fatigue characteristics is recommended for
further study.

5. The optimization job in this thesis has provided a new profile for pin-sleeve taper which has
made it possible to reach to the same amount of clamping force with lower torque to EPS.
Further investigation of this feature through experimental research is recommended.

6. Another shape for pin-sleeve taper similar to profile shown in Figure 7.1 seems to be interest-
ing to evaluate in order to assess its capabilities and advantages.

Figure 7.1: Proposed profile for pin-sleeve taper
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A.6. Changing the position of sleeve opening in non-lubricated sleeve tests A. Appendix

A.6. Changing the position of sleeve opening in non-lubricated sleeve tests

Figure A.1: Non-lubricated sleeve with sleeve complete notch at 45° and SGs at 270°, 180° and 90°

Figure A.2: Non-lubricated sleeve with sleeve complete notch at 315° and SGs at 270°, 180° and 90°

Figure A.3: Non-lubricated sleeve with sleeve complete notch at 225° and SGs at 270°, 180° and 90°
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A.7. Changing the position of sleeve opening in lubricated sleeve tests

Figure A.4: Lubricated sleeve with sleeve complete notch at 45° and SGs at 270°, 180° and 90°

Figure A.5: Lubricated sleeve with sleeve complete notch at 315° and SGs at 270°, 180° and 90°

Figure A.6: Lubricated sleeve with sleeve complete notch at 225° and SGs at 270°, 180° and 90°
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