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Summary 

 

The main goal of this thesis is to develop a new power transmission design for a manure hose 

drum, manufactured and sold by HMR Voss AS. As of today, HMR delivers a manure spreader 

with an additional drum. The manure spreader continuously sprays manure across the acre, where 

the manure is delivered to the spreader through a long hose. Under operation, the drum initially 

spools out the manure hose and finally spools it back in after use.  

Today’s solution for rotating the drum consists of a roller chain system, where the roller chain is 

welded onto a plate in a circular pattern. The plate is then bolted onto the drum’s side plate, 

making a rigid connection between the chain and drum. Under operation, the chain is rotated by 

a sprocket powered by a hydraulic engine. The bracket holding the engine experiences bending 

which creates an offset between the chain and sprocket. It has been confirmed that the sprocket 

could slip as the hose experiences great tension. There has also been confirmed that the sprocket 

teeth and chain have large clearances, resulting in a less smooth chain and sprocket engagement. 

Looking from a production perspective, the chain setup contains a lot of welding, which may 

influence the mesh between the sprocket and the chain. In addition, it’s time-consuming. From 

the maintenance perspective, if the whole chain were to be replaced, the whole drum needs to be 

detached from its frame, which is not preferable. Even though replacing the sprocket is simple, it 

may not have the same mesh as before, which intensifies the wear. A cover is also missing, 

deviating from the basic EHS of rotating devices. 

Throughout the design work, a synchronous belt was decided upon, eliminating a cumbersome 

power transmission design. Synchronous belt drive gave advantages such as eliminating 

lubrication need, obtaining a no-slip condition, smooth engaging, constant mesh, easier to 

maintain and change parts, more cost-effective towards the user, as well as being quieter and 

simpler than the old system. In addition, one of the belt pulleys was set to transfer torque only 

through clamping force, working as a torque overload protector. Prototype testing was 

completed without any load, and the functionality turned out good. Assembly time decreased, as 

well as own produced parts. Since this thesis has a very theoretical approach, testing and 

prototyping are essential for further design work and improvements. 

In the future, HMR is looking to test the prototype with realistic loads to determine the next 

approach. Their goal is to update their old design, using this thesis as a base layer. Both the 

discussion and conclusion chapters mention relevant parts to consider for further design 

improvements. 
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3D  Three-dimensional 
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FBD  Free body diagram 
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S-N  Strength - life 
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𝛼  Angle notation 

𝛾𝑚  Material coefficient 

𝛿  Mid-belt deflection 

𝜃  Angle notation 

𝜇𝑠  Static coefficient of friction 

𝜌  Distance from the neutral axis 

𝜎  Normal stress 

𝜎⊥  Weld stress perpendicular to weld throat plane 

𝜎𝑎  Amplitude stress 

𝜎𝑎𝑙𝑙𝑜𝑤𝑒𝑑 Allowable normal stress 

𝜎𝑏𝑚𝑎𝑥  Maximum bending stress 

𝜎𝑒𝑞  Equivalent amplitude stress 

𝜎𝑒𝑞𝑢𝑖𝑣𝑎𝑙𝑒𝑛𝑡 Equivalent normal stress on weld throat plane 

𝜎𝑚  Midrange stress 
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𝜎𝑚𝑎𝑥   Maximum normal stress 

𝜎𝑚𝑖𝑛  Minimum normal stress 

𝜎𝑚𝑎𝑥
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𝜎𝑚𝑖𝑛
𝑣𝑀   Minimum von Mises stress  

𝜏∥  Shear stress along the weld throat plane 

𝜏⊥  Shear stress perpendicular to weld throat plane 

𝜏𝑎𝑣𝑔  Average shear stress due to direct shear force 

𝜏𝑏𝑒𝑛𝑑𝑖𝑛𝑔 Shear stress in weld throat plane due to bending 

𝜏𝑚𝑎𝑥   Maximum shear stress due to direct shear force 

𝜏max 𝑤𝑒𝑙𝑑 Maximum shear stress in weld throat plane 

𝜏𝑠ℎ𝑒𝑎𝑟  Shear stress in weld throat plane due to direct shear force 

𝜏𝑡𝑜𝑟𝑠𝑖𝑜𝑛 Shear stress in weld throat plane due to torsion 

𝜐  Poisson’s ratio 

𝜔  Angular velocity 

 

8𝑀  Synchronous belt with 8 mm pitch 

14𝑀  Synchronous belt with 14 mm pitch 

𝐴  Area 

𝐴𝑟𝑒𝑠  Resultant vector in three dimensions 

𝐶0  Static load rating 

𝐷𝑝  Pitch diameter larger pulley 

𝐹  Force 

𝐹𝐴  Resultant reaction force in bearing A 

𝐹𝐵  Resultant reaction force in bearing B 

𝐹𝐶  Circumferential force 

𝐺  Modulus of rigidity (Shear modulus) 

𝐻𝑎  Allowable power per V belt 

𝐻𝑑  Design power for V belt 



vi 
 

𝐻𝑛𝑜𝑚  Required power to be transferred through the V belt 

𝐻𝑡𝑎𝑏  Tabulated V belt power rating 

𝐼  2nd moment of area 

𝐼𝑥  2nd moment of area about X-axis 

𝐼𝑦  2nd moment of area about Y-axis 

𝐽  2nd polar moment of area 

𝐾1  Angle of contact correction factor for V belt 

𝐾2  Belt length correction factor for V belt 

𝐾𝑏  Belt width factor for synchronous belt 

𝐾𝑠  Service factor for V belt 

𝐿  Inside circumference V belt length 

𝐿𝑐𝑜𝑟𝑟𝑒𝑐𝑡𝑖𝑜𝑛 Correction factor for V belt length 

𝐿𝑝  Pitch V belt length 

𝑀𝑇  Torsional moment 

𝑀𝑏  Bending moment 

𝑀𝑟𝑒𝑠  Resultant moment 

𝑁𝑏  Number of V belts 

𝑃0  Equivalent static load 

𝑅  Stress ratio 

𝑅1  Inner radius of the manure drum 

𝑅𝑒  Yield stress 

𝑆0  Static safety factor 

𝑆𝑒  Endurance limit 

𝑆𝑓  Service factor for synchronous belt 

𝑆𝑢  Ultimate tensile stress 

𝑇  Tension force 

𝑉  Direct shear force 

𝑉𝑉  Belt setup where both pulleys are V groove shaped 
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𝑉𝑟𝑒𝑠  Resultant shear force 

𝑊𝑏  Section modulus 

𝑍1  Number of teeth for largest pulley 
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𝑎  Weld throat width 

𝑑𝑝  Pitch diameter smaller pulley 

𝑙  Length 

𝑛𝑑  Design factor for V belt 
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𝑝  Power 
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𝑟  Radius 
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𝑡  Weld leg 
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1. Introduction 
 

1.1 Background 

After completing my summer job at HMR Voss AS, a bachelor thesis was interesting for both 

employer and employee (me). As the demand for their manure-spreader increases, production 

also increases. The spreader needs continuous manure feed through a manure hose which is 

always connected as it drives around the acre. Figure 1-1 shows the drum ready to be attached to 

a tractor. By having a stationary cable drum outside of the acre as it spools the manure hose in 

and out, it’s easy to manoeuvre the hose. A drum is also convenient for storing the equipment in 

the off-season. HMR is under constant development of their spreader, aiming at more electronics 

and automation. All the work done on the spreader has resulted in no work done on the drum 

assembly. Since the drum is a very essential accessory, the demand will increase. A farmer needs 

solid and durable equipment. If something were to break, it should be simple to fix by the 

customer. 

 

The main task is to upgrade the mechanical power transmission. Some of the old designs doesn’t 

hold up when it comes to durability. Some issues are e.g., power transmission slipping, high 

clearance between the gearing teeth and deformed bracket. Low maintenance and cost-effective 

are important keywords. Area of interest is mainly agricultural, but HMR has also been delivering 

to docks. Having equipment that can be used across different disciplines is convenient. In this 

thesis, the focus will be on the agricultural side, assuming the customer uses the hydraulics from a 

tractor. 

 

 

Figure 1-1 GS2 setup 
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1.2 Scope and limitations 

A new design aims towards a solution with low-maintenance needs and high durability. Since the 

existing product is compatible with modern tractors, it will be the base layer for the new designs. 

The main tasks will be: 

• New mechanical power transmission design 

• Finished prototype within bachelor’s deadline 

 

Independent of the new design, challenges will occur. The following problems and challenges will 

be focused on when doing the new design work: 

 

• Keeping the high torque and low speed 

• Investigate parts that experience loads different from the existing model 

• Analysis and calculation of different parts 

• Keep the number of parts at a minimum 

• Avoiding complex manufacturing and assembly methods 

• Cost 

 

The new designs will be built around the existing drawings of the current frame and drum. 

Through design development, 3D modelling will be used to find a suitable design. Use of FEA as 

an aid for analysing stresses and deformations. Based on the created design, technical drawings 

and parts list will be developed. The price estimate of a new design will be compared to the 

existing design. Production and testing of the prototype would include mounting procedure, 

production line, functionality, and strength test. 

 

Production and testing are important for this thesis to determine if HMR should invest in a new 

design. 

 

1.3 Prerequisite knowledge 

The thesis will encounter several areas within the mechanical aspects. It is expected that the 

reader has knowledge of basic mechanical concepts, where maths and physics act as a base layer 

for most of the theories behind them. Together with the theoretical approach, Autodesk 

Inventor FEA will be aiding in analysing several parts. 

 

1.4 Thesis Structure 

First chapter will formulate the background of the thesis, as well as some limitations when it 

comes to the design and financial sides. Further on, relevant theory will be covered. Since this 

thesis covers many subjects, but not in-depth for all subjects, the theory part will be limited to the 

most relevant ones. The rest will appear in the methodology. Design work methodology is a 

keyword in the thesis structure and will be split up into several chapters, trying to have a decent 

overview of the different stages within it. This thesis will not have a specific chapter for results. 
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Results will be presented as the design work advances, with some relevant discussions and 

conclusions. The results will be generated by combining both design manuals and hand 

calculations to determine designs and solutions, together with knowledge from HMR and 

distributors. At some stage, a proposed design will be presented and sent to production. As this 

thesis is a very theoretical approach, discussions will be made correspondent to the many 

questions regarding the theoretical vs. physical aspects. Conclusions shall then be made, with 

their basis in the whole thesis. In the Appendices, pictures from the production and prototype, 

technical drawings, and both general information about and design manual for the synchronous 

belt is attached. 

  



4 

2. Formulation of the problem 
 

2.1 Manure cable drum 

HMR Voss AS has supported the agricultural area with a broad range of agricultural equipment 

of high quality. Product development, design and production takes place at their factory plant in a 

small town called Voss. The development of high-quality agricultural equipment has been one of 

HMR Voss’ trademarks since its establishment [1]. 

The manure spreader developed by HMR can be attached to e.g., a tractor. By having a long hose 

attached to it, delivering manure continuously, it can drive around the field spraying manure, 

both effective and evenly distributed. Together with the spreader, a cable drum is used to spool 

in (and out) the manure hose after use. Hydraulic power is transferred to a mechanical power 

transmission, which then rotates the drum, which is connected to a stationary tractor. Different 

drum sizes can be ordered and are easy to replace [2]. 

As of today, the system exists of a roller chain system, as shown in Figure 2-1. The chain is 

welded onto the drum in a circular pattern, creating a lot of weld metres. An internally placed 

sprocket then drives the chain, rotating the drum. The sprocket is driven by a hydraulic engine, 

powered by the tractor’s hydraulic system. The bracket attaching the hydraulic engine experiences 

bending, creating an offset between the chain and sprocket. One owner of a drum has confirmed 

that the sprocket slips when the hose experiences great tension. After stopping the operation, the 

sprocket will then start engaging again. There has also been mentioned large clearance between 

the sprocket teeth and chain, making start and stop less smooth. 

 

 

Figure 2-1 Existing product power transmission 
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After some time, the wear out on the sprocket will match the wear on the chain. Changing the 

sprocket may intensify the wear on the system since the new sprocket and old chain won’t fit 

perfectly. Simultaneously, changing the whole chain assembly is not as easy as the customer may 

want it to be, as the drum needs to be disassembled from the frame. 

It’s uncertain how precise the chain and sprocket mesh are when mounted. An inconsistent tooth 

mesh influences the lifespan of the power transfer parts and relies on the chain being circular and 

centred with high precision. If a more precise mesh can be obtained, it contributes to lowering 

the wear of these components and increasing their lifespan. In addition, lubrication of the chain 

and sprocket has a direct impact on the wear. Performed lubrication intervals depend on the 

owner, where the “follow up” on lubrication (and general maintenance) varies from person to 

person.  

As mentioned above, making the chain laying in a perfectly circular pattern has been a challenge. 

All the welding can create an unwanted movement of the chain as it undergoes expansion and 

contraction due to heat. In addition, it’s time-consuming. Possibilities of having a power 

transmission system with a simpler way of manufacturing will be considered. 

 

While the current power transmission design has no cover, it’s exposed. Having an open system 

with moving parts doesn’t follow basic EHS (Environment, health, and safety). Also, a cover 

provides keeping dirt, water etc. away from the moving parts. By having a cover that can be easily 

detached, both inspection and changing of parts will be more accessible. 

 

A closer look at the existing system will be covered in the design study and the design work 

 

2.2 Design limitations 

Positioning of the frame and drum will most likely stay the same. Frame will be connected to the 

tractor and the hydraulic motor will stay on the frame. The mechanical power transmission will 

be linked between drum and motor, also interacting with the frame. Positioning of the motor and 

transmission will most likely change place. This depends on which type of power transmission is 

chosen. Overall, it will have many of the same characteristics. In terms of space, the thesis will 

aim at keeping the system simple and compact. 

 

2.3 Financial limitations 

Finding a sweet spot between price per unit and the customers desire to buy the product, without 

being too expensive to manufacture. E.g., if the price increases relative to the existing, can it be 

compensated by creating a more reliable system? A profit is of course necessary for the company 

making the product. The customers buying this product won’t be the ones with the highest 

salary, so aiming for a reasonable price is critical.  
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3. Theory 
 

3.1 Fatigue 

The theory about fatigue is taken from the book “Callister’s Materials Science and Engineering” [3]. 

Of all metallic failures, fatigue is estimated to cover about 90% and stands for the single largest 

failure cause in metals. Fatigue failure happens in structures subjected to dynamic and fluctuating 

stresses, which makes it possible for failure to occur at low-stress levels, considerably lower than 

the yield and tensile strength for static loads. The failure is brittle-like and occurs due to the 

initiation and propagation of cracks, typically creating a fracture surface perpendicular to the 

applied tensile stress direction. Several variables are making the fatigue behaviour for engineering 

metals sensitive. These could be surface effects, geometric design, mean stress level and 

metallurgical variables, as well as the environment. 

Two important parameters that characterize a material’s fatigue behaviour are fatigue strength 

and fatigue life. Fatigue strength relates to a specific stress level, where failure occurs, read of at a 

specific number of cycles. Fatigue life is the number of cycles that causes failure at a specific 

stress level. 

A higher mean stress affects the fatigue life, i.e., a higher mean stress decreases fatigue life. In 

addition, several factors affect fatigue life, especially surface and geometric factors. Usually, 

maximum stresses occur at the surface, where most cracks leading to fatigue failure emerges from 

the surface. Adjustments in both design and treatment can avoid these cracks to occur (or slow 

down the process). Considering the design adjustments, locations that acts as stress raisers (holes, 

keyways, grooves, threads etc.), can be tuned by e.g., avoiding sharp corners or by increasing the 

radii of curvature in rounded fillets, usually at dimension changes. Surface treatment is also a 

common practice, making sure that the surface resists crack initiation. Treatments could be 

polishing, shot peening, case hardening etc. These treatments won’t be discussed any further but 

can be an option for further development. 

 

3.2 S-N diagram 

S-N-diagram, also called strength-life diagram, provides the material fatigue strength in MPa, Sf, 

versus cycle life, N. Ultimate tensile stress is defined as Su. For iron and steel, the S-N curve 

becomes horizontal at some point, which represents the endurance limit Se, often called the 

fatigue limit. The endurance limit occurs somewhere between 106 and 107 cycles. Any applied 

amplitude stress below the endurance limit won’t result in fatigue failure, no matter how many 

cycles [4]. An example of a S-N diagram is shown in Figure 3-1. 
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Figure 3-1 Example on a S-N diagram, inspiration from [4] 

 

Most S-N diagrams are read using the amplitude stress. Such diagrams are often for reversed 

cycle situations i.e., mean stress equals zero. For a reversed cycle, the stress ratio R = -1. S-N 

curves can display several fatigue curves for different mean stresses [3]. It is then crucial having 

the correct information about the S-N diagram and its used data values. 

 

3.3 Goodman rule 

When using the S-N diagram, the amplitude stresses that reads the fatigue life are used when the 

mean stress is zero. The project encounters cyclic stresses with non-zero mean stress. By using 

the Goodman rule, equivalent amplitude stress can be found, that simulates a mean stress equal 

to zero. The following criteria decide whether a mean stress correction should be made, where 

the stress ratio R [5] should be 

𝑅 = |
𝜎𝑚𝑖𝑛

𝜎𝑚𝑎𝑥
| = 1 (3.1) 

 

If |R| ≠ 1, a mean stress correction should be made. That implies the use of the Goodman rule 

to obtain an equivalent amplitude stress, simulated with a mean stress equal to zero. 

𝜎𝑎

𝜎𝑒𝑞
+

𝜎𝑚

𝑆𝑢
= 1 (3.2) 
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From Equation 3.2, σa, σm, σeq and Su are the amplitude, mean, equivalent amplitude and the 

ultimate tensile stress, respectively. By solving for the equivalent amplitude, the S-N diagram can 

be used to obtain the life cycle of a material, based on a simulated zero mean stress [5]. 

 

3.4 Synchronous belt 

Synchronous belts are used for a wide range of applications from low to high speed, low to high 

torque, and for timing purposes. Main belt is made of a rubberized fabric which is coated with 

nylon fabric. Inside the belt, along with the pitch, there is wire(s) taking the tension load. 

Synchronous belts stretch insignificantly and has the “no-slip”-condition. The efficiency can 

range between 97 to 97% with the correct setup and installation method [4]. 

 

3.4.1 Geometry 

There are several types of tooth geometry. The classic timing belt has a typical trapezoidal 

geometry [6], represented in Figure 3-2. Trapezoidal profiles are especially suitable for conveying 

applications and linear positioning. The engagement between the belt and pulley results in good 

capability of transmitting force and low backlash. Unfortunately, the geometry results in 

high-stress concentrations at the root, which may result in high wear rates as the transmitted 

speed or torque increases [7].  

 

 

Figure 3-2 Trapezoidal tooth geometry, pulled to the left, inspiration from [7] 

 

The curvilinear geometry is a more rounded geometry which is applied in the HTD belts used for 

the manure drum design, shown in Figure 3-3. In addition, it has a deeper tooth depth than the 

trapezoidal design. The mesh experiences a smoother transition than the trapezoidal, which also 

makes it quieter under operation. Nonetheless, it will have a greater backlash than the trapezoidal, 

making it less suitable for applications requiring high position accuracy [7]. The curvilinear 

geometry provides a greater contact area and better stress distribution (located in the middle of 

the tooth, rather than at the root), allowing a higher overall loading on the belt [8]. 
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Figure 3-3 Curvilinear tooth geometry, pulled to the left, inspiration from [7] 

 

Figure 3-4 shows the PowerGrip HTD belt components. The backing is durable and protects 

against environmental pollution. It also prevents (at least slows down) frictional wear if the back 

of the belt were to transmit power [6]. Backing material that requires a tougher high friction outer 

layer is represented by e.g., foam, where Neoprene is a common type [9]. The tensile member 

located at the pitch line is represented with chords made from fibreglass. They contribute with 

necessary strength, as well as high resistance against elongation. In addition, the fibreglass tensile 

chords provide flexibility for the belt. The nylon facing is protecting the tooth surface under 

operation [6]. 

 

 

Figure 3-4 PowerGrip HTD belt components, inspiration from [6] 

 

Pulley that is supposed to engage with the curvilinear toothed belt is partially illustrated in 

Figure 3-5. Pitch diameter represents the pitch circle, which the pitch of the belt coincides with, 

i.e., the fibreglass tensile chords [6]. 
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Figure 3-5 Belt pulley with curvilinear geometry, inspiration from [6] 

 

3.4.2 Failure of synchronous belts 

Most of the content about failure is taken from the article “Synchronous belt failures: Six ways they can 

occur” [10]. 

Even though the synchronous belt has many advantages, the installation is as important as 

anything else when it comes to having a fully functional belt setup. Even if the installation has 

been done correctly, belt performance can still be influenced by unexpected application 

conditions, as well as using components unsuitable for its operating requirements. As a result, 

several types of belt failures may occur. 

When installing the belt and pulleys, there are three important factors. Angular misalignment, 

parallel misalignment, and installation tension. Misalignments, illustrated in Figure 3-6 and 3-7, 

can cause wear on both pulley and belt. The pulley flange often fails due to an angular or parallel 

misalignment, where the belt exerts a force against the pulley flange. In addition, this will also 
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result in edge wear of the belt. It’s then important to use correct belt and pulley sizes, as well as 

correct alignment from the start. 

 

 

Figure 3-6 Parallel misalignment, inspiration from [6] 

 

Misalignment can also cause problems due to belt tracking. Anyhow, belt tracking is normal to 

some extent, and won’t influence performance. Misalignment should not exceed 1/4 º or 5 mm 

per metre centre distance [6]. 

 

 

Figure 3-7 Angular misalignment, inspiration from [6] 

 

Assuming the alignment is within the required settings, belt tension needs to be set properly. 

Inadequate belt tension can cause e.g., tensile break, excessive tooth wear, tooth shear, and 

ratcheting of belt teeth. Tensile break is more common to happen due to severe shock loads, 

mishandling of the belt, debris, or a too small pulley diameter. Same conditions can cause 

excessive tooth wear, but also conditions like a damaged pulley, or a pulley with insufficient 

hardness. Tooth wear does generally not affect the life span under normal operating conditions. 

Tooth shear can be a result of both shock loads and misalignment, which results in shearing 

between the belt body and tooth root, leading to a belt missing its teeth. In addition, insufficient 

tension can cause the belt to “self-tension”. Self-tensioning happens when the teeth forces 

themselves out of the pulley grooves, but not to the point of ratcheting. As the tooth is no longer 

experiencing a distributed load, but more of a concentrated load near the tooth flank, bending 
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occurs about the root. The bending induces rotation of the tooth, trying to separate it from the 

base of the belt. 

If the belt setup is suitable for its application of use and installation is carried out correctly, 

synchronous belts can perform at a very high level with low maintenance. 

 

3.5 Welding 

Welding theory is taken from the book “Callister’s Materials Science and Engineering” [3]. 

Welding is used to form a single piece from two or more metal parts. In contrast to mechanical 

bonding like bolting and riveting, the weld bonds are metallurgical, where the filler material forms 

a fusion joint between the workpiece(s). Welding is a common technique when a one-part 

fabrication is inconvenient or/and expensive, simultaneously allowing both similar and dissimilar 

metals to be welded. Arc and gas welding, brazing, and soldering are some of the different 

welding methods, where arc welding will be used for this project.  

During the arc weld, the workpieces and the filler material gets heated up (through high current) 

to a sufficiently high temperature which causes both to melt. Through the solidification process, 

the filler material creates a fusion joint between the workpieces, resulting in a solid single-piece 

part. The process is effective but involves a great amount of heat, which creates a heat-affected 

zone (HAZ), as shown in Figure 3-8. HAZ is the zone adjacent to the weld and may experience 

microstructural and property changes. For cold worked workpieces, recrystallization and grain 

growth can occur, decreasing hardness, strength, and toughness. For general workpieces, residual 

stress can occur upon cooling, which weakens the joint. From this, the cooling rate (and alloy 

compositions) also decides on the structure being created after the welding process. Normally, a 

material too brittle is not desirable, but neither too ductile. 

 

 

Figure 3-8 1. Fusion zone, 2. HAZ, 3. Base metal of a T-weld joint [11] 
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3.6 Hydraulic engine 

The two following sections are taken from [12]. 

Normally, fluid gets pumped from a driven hydraulic pump (or any other pressure energy 

source), that transports fluid to a hydraulic engine. The hydraulic engine then extracts the fluid 

energy and transforms it to e.g., mechanical energy, typically to rotate the engine output shaft. 

For the output shaft, a specific volume of fluid is required to turn the shaft one revolution, also 

called engine displacement. Engines are made with either fixed or variable engine displacement. A 

fixed engine delivers constant torque, while a variable one can vary the torque and speed. 

Variable engines can obtain torque-speed ratios to obtain different load requirements. 

Torque output is a function of engine displacement and system pressure. Torque ratings are 

regularly given for a distinct pressure drop across the engine. Normally, the torque available at 

the engine shaft is theoretical, with the assumption of no mechanical loss. Some datasheets 

provide mechanical efficiency for specific torque vs. pressure vs. speed at specific load cases. 

MR315C/4 has the same looks as a Geroler engine [13]. A Geroler engine uses something called 

“the orbit principle”, having the advantage of generating high power density at a compact size. 

Figure 3-9 shows the inside cross-section of the gear assembly. Fluid from the pressure pump 

enters the inlet, creating a pressure side, coloured in red. The blue area describes the low-pressure 

side. Pressure difference makes an imbalance of the forces, causing the “star” to orbit. For this 

geometry, the star (which is connected to the output shaft) rotates seven times for one single 

revolution within the stationary outer ring, resulting in a 7:1 speed reduction.  The rollers reduce 

wear, friction, and improves the low-speed performance, resulting in a longer service life [14]. 

  

Figure 3-9 Geroler gear mechanism, Inspiration from [13] and [14] 
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3.7 Normal stresses due to bending and axial loads 

The following section has been taken from [15].  

In this thesis, drum components will experience bending, torsional shear, direct shear, and axial 

stresses. Figure 3-10 shows a circular shaft under both bending and axial load. Both loads will 

generate normal stress, where axial stress is equally distributed across the cross-section, while 

bending stress is zero at the neutral axis and increases towards the outer perimeter. Bending 

stress will have a maximum at the outer perimeter (distance c on Figure 3-10), where one side is 

in tension (top) and the other in compression (bottom). The highest normal stress occurs where 

both bending and axial stresses acts in the same direction, i.e., both generates tensile stresses. 

 

 

Figure 3-10 Bending and axial stresses from normal and bending loads, inspiration from [15] 

 

Bending stresses can be defined as 

 

𝜎𝑏 =
𝑀𝑏

𝑊𝑏
=

𝑀𝑏 × 𝑟

𝐼
(3.3) 

 

Where max occurs at r = c. Wb is called the section modulus, which can be written as I/r, where I 

is the second moment of area about the bending axis. Axial stress can be written as 

 

𝜎𝑎 =
𝐹

𝐴
(3.4) 

 

F is either the compression or tensile force subjected to the body, and A is the cross-sectional 

area. [4] 
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3.8 Transverse shear stress due to direct shear force 

In addition to the forces acting parallel with the neutral axis, perpendicular forces also create 

material stresses, called transverse shear stress. 

 

𝜏𝑎𝑣𝑔 =
𝑉

𝐴
(3.5) 

 

Like the axial stress, a shear force V is divided by the area A, generating an average transverse 

shear stress. V/A is not the actual max transverse shear stress. Max stresses occur at the neutral 

axis, while the outer perimeter experiences zero shear stress, illustrated in Figure 3-11. Max 

transverse shear stress for a circular cross-section, located at the neutral axis, can be defined as [4] 

 

𝜏𝑚𝑎𝑥 =
4𝑉

3𝐴
(3.6) 

 

 

Figure 3-11 Average and max shear stress due to vertical shear force. inspiration from [4] 

 

3.9 Torsional shear stress due to torsional moment 

A bar subjected to a torsional moment is said to be in torsion. Figure 3-12 shows a circular solid 

shaft under torsional moment, MT. The angle of twist, θ, can be found (with the right-hand rule 

in x-direction) with 

 



16 

𝜃 =
𝑀𝑇 × 𝑙

𝐺 × 𝐽
(3.7) 

 

Where G, l and J are the modulus of rigidity, length to the measured point and second polar 

moment of area, respectively. As a round bar is subjected to torsion, shear stresses occur (in a 

rotational pattern) throughout the cross-section. Stresses are constant at a specific 

distance/radius, ρ, from the neutral axis. These stresses can be written as [4] 

 

𝜏𝑡𝑜𝑟𝑠𝑖𝑜𝑛 =
𝑀𝑇 × 𝜌

𝐽
(3.8) 

 

 

 

Figure 3-12 Torsion on a circular shaft. Inspiration from [4] 
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3.10 Circular weld and weld throat 

Figure 3-13 shows a simulated load scenario that is relevant for the later weld calculations, which 

also show the applied forces and moments. Each one contributes to weld stresses. 

 

 

Figure 3-13 Scenario of a welded shaft under several loads 

 

Shear force creates shear stresses and is defined as [4]. 

 

𝜏𝑠ℎ𝑒𝑎𝑟 =
𝑉

𝐴
=

𝑉

2𝜋𝑟𝑎
(3.9) 

 

Area A can be defined in Equation 3.9 and refers to the throat area [4], based on the weld throat 

width, illustrated in Figure 3-14, and length. Looking at the unfolded weld throat plane in Figure 

3-15, the shortest circumference is used as the length.  
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Figure 3-14 Throat width, a, and weld leg, t 

 

 

Figure 3-15 Unfolded weld throat plane 

 

Throat width, a, can be found with 

 

𝑎 = 𝑡 × cos(45) (3.10) 

 

Torsional stress can be defined by 

 

𝜏𝑡𝑜𝑟𝑠𝑖𝑜𝑛 =
𝑀𝑇 × 𝑟

𝐽
(3.11) 

 

Where MT, r and J are the torsional moment, distance from centroid and second polar moment 

of area [4], respectively. Together with Figure 3-16, the second polar moment of area can be 

written as 

 

𝐽 = ∫ 𝑟2𝑑𝐴 (3.12) 
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Figure 3-16 Cross section of a circular tube 

 

With aid of the Pythagorean theorem and Figure 3-17, J can be expressed as 

 

𝐽 = ∫ 𝑟2𝑑𝐴 = ∫(𝑥2 + 𝑦2)𝑑𝐴 = ∫ 𝑥2𝑑𝐴 + ∫ 𝑦2𝑑𝐴 (3.13) 

 

 

Figure 3-17 Cross section of a circular tube 

 

If radius (constant) and area are the same as the ones defined for the throat area, the second 

polar moment of area will be 

 

𝐽 = 𝑟2∫ (𝑟𝑎)𝑑𝜃 = 2𝜋𝑟3𝑎 (3.14) 

 

Bending stress can be defined as [4] 

 

𝜎𝑏 =
𝑀 × 𝑦

𝐼
(3.15) 

 

Where M, y and I are bending moment, distance from neutral axis and 2nd moment of area, 

respectively. For a circular geometry, the 2nd moment of area is 
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𝐼𝑥 = 𝐼𝑦 = ∫ 𝑥2 𝑑𝐴 = ∫ 𝑦2 𝑑𝐴 (3.16) 

 

Due to Equation 3.16, J can be written as 

 

𝐽 = 2 × 𝐼𝑥 = 2 × 𝐼𝑦 (3.17) 

 

Implying that 

𝐼𝑥 = 𝐼𝑦 =
𝐽

2
= 𝜋𝑟3𝑎 (3.18) 

 

3.11 S355 (St52) and 34CrNiMo6 

Table 3.1 shows the material specs for both S355 and some quenched and tempered steels. S355 

is a common construction steel that can be welded. By quenching and tempering, the material can 

be more weldable, tougher, and ductile than ordinary carbon steel. Some can be further treated, 

e.g., with surface hardening, obtaining a hard surface, but with a tough core [15]. 

 

Table  3-1 Material specifications for S355 and some quenched tempered steels, information from [15] and [16] 

Material Dimensions [mm] Yield Strength [MPa] Tensile Strength [MPa] 

S355 (ST52) ≤ 40 

40 ≤ 80 

355 

335 

510 

470 

NS 13335-05 

34CrMo4 

16 ≤ 40 

40 ≤ 100 

670 

560 

880-1080 

780-930 

NS 13343-05 

42CrMo4 

16 ≤ 40 

40 ≤ 100 

760 

640 

980-1180 

880-1080 

NS 13411-05 

34CrNiMo6 

16 ≤ 40 

40 ≤ 100 

880 

780 

1080-1270 

980-1180 

 

Note: Specifications for S355 are listed in EN-NS 10025, cited by [15] and the quenched and 

tempered steels can be found in NS 13201, cited by [16].  
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3.12 Design workflow 

Some key aspects will be mentioned in the workflow, giving boundaries to work within. The 

chart has been inspired by [4]. Note that the workflow has a general “direction”, where steps 

need to be re-done or revised, making the workflow shift path. There can be many iteration steps 

without thinking of it. The steps are all different but still similar. It often pays off to revise and 

take a step back if needed.  

 

 

 

 

 

  

Identify need: Can be set off by a particular action or several actions, generating e.g., a need 
for an improvement or similar. Needs can be identified by doing tests of an existing product, 
to consult with the mechanics and engineers responsible, or contact the users of the product. 

 

Problem definition: Having a clear thought of the existing challenges that must be met. 
Overview of specifications, which can be influenced by expected life span, cost, reliability, 
operating conditions, manufacturing process etc. Design characteristics are also important, 

like variation in speeds, loading capabilities, stability etc. 

Concept and concept design: Generating several design concepts with e.g., schemes and 
matrices, making up advantages and disadvantages. Designs can be picked out through an 
iterative selection process. Internal design concept reviews, where concepts that does not 

survive the design selection, can be revised, improved, or eliminated. Non-eliminated 
concepts can either be narrowed down to a single concept or analysed further in the next 

step(s). 
 

Calculations and analyses: From the problem definition and concept designs, analyses and 
mathematical models for the simulation of a real physical system can be generated. Manual 

calculations and computer-aided analyses are often used for refining the design and the looks 
of it. It is important to discover whether the design concept(s) is feasible, reliable, functional, 

and sometimes good looking. In addition, identifying parts that needs to be checked out 
before anything else can be done, can save a lot of time. That is all a part of the structure of 

it. 
 

Evaluation and production: The final test and physical evaluation, which is often led out in 
the workshop and test facility. Is it feasible to assemble and manufacture? Does it meet its 
needs? How will it stand in the market? Is the cost satisfying? These are some of the key 

points, which can lead the process back to the start, or any of the other steps. New products 
will most likely need to be revised and optimized. 

 

Presenting the design: Selling a product is not always straight forward. When the product is 
ready, the information about the product should be advertised to the consumers. This is a 
vital step, which is the seller’s responsibility, i.e., a seller’s job. 
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4. Choosing a power transmission system 
 

4.1 Considerations 

Before working on a new design, some considerations will be mentioned, which will contribute to 

“shape” the new design into something feasible, for both customer and the manufacturer. Some 

of the considerations taken are: 

• Two-way drum rotation 

• Accessibility of the system. Drum staying in its place when doing repairs with enough 

space for tools and inspection 

• Owner of the drum should not do a lot of work to prepare the maintenance work 

• Dynamic, shock and/or static loads 

• Change of loads due to variable mass on the drum (hose) i.e., change of frictional surface 

between hose and ground 

• Rotational friction for the drum (bearings etc.) 

• Types of connections i.e., bolts, welds, press-fit 

• Off-set and misalignment 

• Low RPM and high torque 

 

4.2 Specifications  

The new design needs some specifications and assumptions to work with, so that the shop-made 

parts, as well as the 3rd party parts are suitable for its use. Obtaining the following specifications 

will aid in further development of a feasible design: 

• Max torque  

• Max RPM 

• Max power 

• Dimensions 

 

4.3 Possible candidates for the transmission system 

Three types of transmission systems have been picked out for further investigation. First off, a 

comparative look at each type and some of their advantages and disadvantages. Afterwards, they 

will be compared in a comparison matrix, which gives a better overview of important design 

factors. Later, a system will be chosen, based on the matrix, but also on some simple calculations 

based on the tractor’s output, hydraulic engine and the required power. 
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4.3.1 Belt drive 

Absorbing shock loads, damping out and isolating effects of vibrations are many of the 

advantages of flexible elements (belts, ropes, chains etc.). In the industry, roller chains are often 

replaced by belt drives for many types of applications. As a replacement, they often simplify the 

design of the machine, which (mostly) includes a reduction in cost [4]. Efficiency and energy loss 

are affected by torque and speed loss. Torque loss due to required energy to bend the belt around 

the sprocket or sheave, and speed loss due to belt slip and creep. Lifespan can be increased by 

adding an idler, which maintains the belt tension. Most common idlers are fixed, manually 

adjusted, or spring-loaded/automatically adjusted. The type of idler depends upon the application 

(peak loads, static loads, maintenance, belt and sheave wear, elongation). Idler adjustment is not 

the only solution to maintain belt tension, but also direct adjustment on e.g., the hydraulic engine. 

Speed, power, efficiency, and cost varies between the different type of belt setups and determines 

which is the most suitable [17]. Here are some examples of different belt types: 

 

i. Synchronous 

Synchronous belt has a wide range of operating speed, high load capacity, both long 

and short belt applications, and high efficiency [17]. Because of the toothed pattern 

on the inside of the belt, it’s suitable for high-power transmissions and timing 

applications [18]. They are often used where precision is an important factor. 

Synchronous belt experiences minimal friction as the belt tooth enters and exits the 

grooves on the pulley [17]. 

 

ii. V belt 

V belts uses more energy by bending around the sheave than the synchronous, due to 

a thicker cross-section. Friction caused by the wedging action between the belt and 

sheave results in heat loss, generally more than the synchronous belt. But, the V belt 

provides an increased frictional contact effect, providing higher speed and load 

capability [19]. If poorly maintained, slipping may occur. Slipping is useful if torque 

overload is accounted for. V belts are also often used in agricultural machinery [17].  

 

iii. Flat belt 

Drive efficiency of about 98 %. Flat belts produce little noise and absorb more 

torsional vibration than V belts. Flat belts have no upper limit for centre distance 

limits [4]. 

 

Belts can handle large power, whereas V belts can handle at least 75 kW [4]. It is assumed that 

cost will increase with increased belt power capacity. 
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4.3.2 Chain drive 

Like the belt drive, the chain drive is also categorised as a flexible element, with long service life. 

The difference will be the “no-slip”-condition, resulting in no creep. Roller chain needs regular 

maintenance and lubrication, or else it won’t perform at its peak level. With less effective 

lubrication, horsepower needs to be reduced to avoid shortened lifetime. Without lubrication, a 

system with greater wear capacity is necessary. Poor ineffective lubrication usually results in an 

unsatisfactory chain life [17]. Chain speed is the basis for choosing the correct lubrication method 

[20].  

Chordal speed variation/effect is based on the sprocket’s number of teeth, where two radii 

appear at the sprocket. When a chain is engaged around the sprocket, it alternates between the 

two, creating a speed variation [19]. Such variations can cause vibration within the system and is 

the main cause of noise. Speed variation can be decreased by increasing number of teeth [20]. 

For higher loads and lower speeds, a chain with a large pitch diameter is suitable. As the chordal 

effect creates speed variation, the number of teeth on the smaller sprocket needs to be 

determined. Slow speed means fewer teeth required, and high speed means more teeth required. 

The cost will increase when the number of teeth increases. A sprocket with larger number of 

teeth is more expensive to manufacture. The large sprocket is normally limited to 120 teeth [20]. 

Many hours of run time are the most common cause of failure. Actual failure, wear of the rollers 

on the pins or fatigue of the surface of the rollers [4]. After some runtime, the wear on the chain 

“fits” the wear on the sprocket. Based on experience, if the chain then gets replaced, the sprocket 

should also be changed. If not, the wear on either part won’t mesh as before. This causes more 

rapid wear. 

 

4.3.3 Gear drive 

Gear trains have the purpose of transmitting motion from one axis to another. It requires at least 

two meshed gears [20]. Driving gear (input) as number 1, the driven gear (output) as number 2, 

and the rest as idlers. In addition, the gear drive handles higher loads than the chain and belt. The 

use of multiple gears makes it possible to change torque, directions, speed, and gear ratio. Too 

many gears may reduce the mechanical efficiency [18]. 

Backlash may occur over time. The backlash creates a gap between two meshing teeth. At high 

power outputs, this can result in a shock throughout the whole gear train. This may result in gear 

teeth damage [18]. Alignment and correct instalment are crucial.  

A simple gear train has one gear for each axis, shown in Figure 4-1. Compound train has several 

gears on one axis [20]. Spur gears are the simplest of all types. Helical gears have teeth inclined to 

the axis of rotation which is less noisy because of the gradual engagement of the teeth during 

meshing [4]. 



25 

 

Figure 4-1 Simple gear train, inspiration from [4] 

 

Planetary gear trains refer to one or more gears orbiting about trains’ central axis, as shown in 

Figure 4-2. The main difference from an ordinary gear train; they have moving axis or axes [20]. 

Changing between input, output and fixed axis/gears, different speed and torque can be 

obtained. They can provide a remarkably high-speed reduction, even in small spaces. Planetary 

gears can be found as compounds, not just simple and the range of types are many [17]. 

 

 

Figure 4-2 Simple planetary gear train, inspiration from [17] 
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By looking at today’s solution, the drum shaft lays on the frame, rotating, held in place by a 

bearing on each side. If a simple planetary gear were to be used, the sun gear (middle gear) would 

coincide with the drum’s rotational axis. It should then be figured out a way to easily assemble 

the planetary gear. 

 

4.4 Comparison matrices 

Based on the transmission system candidates, a comparison between the three can aid in 

choosing the most suitable system for this thesis. First off, Table 4-1 contains a matrix comparing 

the general advantages and disadvantages made independent of the manure cable drum. 

Afterwards, the matrix in Table 4-2 compares the advantages and disadvantages the three power 

transmissions have towards selecting a new power transmission. 

In Table 4-2, text highlighted in green indicates the most important advantages, while the text 

highlighted in red shows the most important disadvantages. 
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Table 4-1 General advantages and disadvantages 

 Belt drive Chain drive Gear drive 

General 

Advantages 
[18] 

- Low component cost 

and high efficiency (varies 

on the type of belt) 

makes it affordable. 

- Power can be 

transmitted over long 

distances. 

- Smoother and quieter 

than chain drives. 

- Vibration and shock 

absorbent. 

- Overload protection 

- Relatively durable 

- Flexibility 

- Lightweight 

- Low maintenance cost 

- No-slip (and creep) 

and used for timing 

applications. 

- Affordable 

- Power can be 

transmitted over long 

distances. 

- Can power multiple 

shafts 

- Little friction and high 

mechanical efficiency 

- All kinds of 

environments and high 

temperature 

- Can be put in tight 

places 

- Flexibility 

- Long service lives 

- Sturdy 

- High mechanical 

power applications 

- Compact 

- High efficiency and 

no-slip 

- Can be reversed 

 

General 

Disadvantages 
[18] 

- Velocity ratio varies due 

to belt slippage/creep 

- Heavy load on 

bearings/shaft 

- Needs tensioning (sag) 

- Misalignment can cause 

slip off (depends more on 

the type of belt) 

- Enclosure 

- Both V belts and 

synchronous have a 

centre distance limit [4] 

- Limited power 

transmission capacity [20] 

 

 

- Noisy (chordal effect) 

- Can cause vibrations 

- Some require constant 

lubrication 

- Misalignment can 

cause slip off 

- Needs chain 

tensioning (sag) 

- Enclosure 

- Short centre 

distances. Need 

direct contact 

- Too many gears 

can reduce the 

mechanical efficiency 

- Expensive repair, 

and generally more 

expensive than 

others 

- Heavy 

- Little flexibility 

- Lubrication 

- Not suitable for 

shock loads. Damage 

on gears 

- Requires precise 

alignment for 

meshing 
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Table 4-2 Project (dis)advantages. Green indicates important advantages, and red important disadvantages 

 Belt drive Chain drive Gear drive 

Project Advantages - Hopefully no big 

design impact on 

either drum or frame 

- Accessibility of 

parts 

- Simple and 

effective, both 

construction and 

principle 

- May decrease the 

moment arm on the 

frame, created by the 

hydraulic engine 

- Flexible 

- “Built-in” torque 

overload (not 

synchronous) 

- Efficiency (depends 

on type) [4] 

- Cost (depends on 

type) 

- Vibration and shock 

absorber (more than 

a chain) 

- Hopefully no big 

design impact on 

either drum or frame 

- Accessibility of 

parts 

- Simple and 

effective, both 

construction and 

principle 

- May decrease the 

moment arm created 

by the hydraulic 

engine 

- Little friction and 

high mechanical 

efficiency 

- Flexible 

- Cost 

 

- Compact and saves 

space 

- Can be hidden 

inside the drum 

(planetary) 

- Robust and durable 

under the right 

conditions 

- No need for 

tensioning.  

- High efficiency [4] 

Project 

Disadvantages 

- Takes up more 

space (length) 

- Belt tensioner  

- Safety cover takes 

up even more space 

(trade-off) 

- V belt should be 

running in-between 

5-25 m/s [4] 

 

- Requires lubrication 

- Takes up more 

space (length) 

- Chain tensioner 

- Doesn’t prevent 

torque overload 

- Noise  

- Safety cover takes 

up even more space 

(trade-off) 

Larger 

sprockets/more teeth 

i.e., manufacturing 

cost increases 

- Requires lubrication 

- Doesn’t prevent 

torque overload 

- Expensive 

- Think that it 

requires more change 

in design to fit right. 

Depends on the type 

of gear. 

- Weight (frame 

needs more strength. 

Extra weight doesn’t 

help) 

- Shock loads? 

- Repair (depends on 

which type) 
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4.5 Loads acting on the drum 

If the loads can be estimated, a decision can be made upon one of the three transmission systems 

mentioned above. 

 

4.5.1 Drum setup 

By having the correct drum setup, a decision on whether max load from the hose, the tractor, or 

max power from the hydraulic engine should be done. As for this project, HMR provided 

information about the bestselling drum setup: 

System name: GS2 

Frame name:  GS110   Weight: 105 kg 

Drum name:   GS400   Weight: 100 kg 

Manure hose types: 

Name:   4’’ Ultraman  Weight: 1.16 kg/m Length: 500 m 

Name:   4’’ STD Tilførsel Weight: 1.10 kg/m Length: 700 m 

 

500 m of “Ultraman” weights 580 kg. 700 m of “STD” weights 770 kg. The last mentioned will 

be used for the calculations. 

When rotating the drum with a counteracting load (the manure hose), power from e.g., a 

hydraulic engine is needed. The power depends on the drum’s RPM, assuming the torque 

remains constant under operation (actually just the initial phase). RPM interval is not known but 

can be assumed to operate between 5 and 15.  

 

4.5.2 Tension force from the hose 

Assuming the whole manure hose is spooled out, the smallest radius, R1, acts as the moment 

arm. The hose lifts off the ground at an angle θ, wrapping around the drum, illustrated in 

Figure 4-3. As the drum rotates, the amount of hose on the field decreases. This results in less 

tension force. Meanwhile, the amount wrapped on the drum increases. Hose build-up on the 

drum increases its mass and radius, contributing to a higher drum moment of inertia. Since the 

drum is reasonably wide, it’s assumed that the tension force decreases faster than the moment of 

inertia increases (as a function of the amount of hose wrapped around the drum).  

A higher moment of inertia requires higher torque to change the drum’s rate of rotation (i.e., 

acceleration) [21]. In the end, it has the characteristics of a flywheel [22], which may ease the 

rotation (if constant RPM is assumed) rather than slowing it down.  
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Figure 4-3 Illustrated view of the manure hose pulling on the cable drum 

  

Based on the frictionless rotation of the drum, the tension in the manure hose acts as the main 

force with radius R1 as the moment arm. 

 

4.5.3 Power created by the load 

For the calculations of force, torque, and power, some assumptions and factors are needed: 

• Constant drum RPM, neglected acceleration 

• 5 ≤ RPM ≤ 15 

• Tension force as the whole length of hose lays on the field 

• Torque based on the inner radius 

• Coefficient of friction, 0.35 ≤ µs ≤ 0.45 for tire on grass [23] 

• Angle between the inclined part of hose and ground is set to θ = 20 

• Gravitational contribution on the hose is neglected (as it lifts off the ground) 

• Frictionless rotation/bearings 

• Manure hose contains excessive manure. Added 10% of the hose weight 

 

Tension force is obtained by the force dragging the hose across the field, Fx, Figure 4-4. 
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Figure 4-4 Forces acting on the manure hose 

 

It’s assumed that there is an increase of 10% in extra weight due to excessive manure. Fx is then 

defined as 

 

𝐹𝑥 = 𝜇𝑠 × 𝑁 × 1.10 = 𝜇𝑠 × 𝑚 × 𝑔 × 1.10 (4.1) 

 

As the hose leaves the ground, the tensional force won’t be in the horizontal direction anymore. 

Figure 4-5 shows T as the tension force, and Tx as the horizontal component.   

 

 

Figure 4-5 Vector components as the manure hose lifts off the ground 

 

In this case, Ty is neglected. Knowing that Tx equals Fx, tensional force can be obtained by 

 

𝑇 =
𝑇𝑥

cos(𝜃)
=

𝐹𝑥

cos(𝜃)
 (4.2)  
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The tension T describes the resistive force acting on the drum as the hydraulic engine starts 

turning. T will then create a torque about the drum’s axis, with the moment arm R1. Torque is 

defined by 

 

𝑀𝑇 = 𝑇 × 𝑅1 (4.3) 

 

Power will then be 

 

𝑝 =  𝜔 × 𝑀𝑇 (4.4) 

 

Writing the RPM in terms of angular velocity as 

 

𝜔 = 𝑅𝑃𝑀 ×
2𝜋

60
=  𝑅𝑃𝑀 ×

𝜋

30
 (4.5) 

 

By combining Equation 4.1 to 4.5, a general formula for the required power, as a function of the 

drum’s RPM, can be written as 

 

𝑝(𝑅𝑃𝑀) =
𝜇 × 𝑚 × 𝑔 × 1.10 × 𝑅1

cos(𝜃)
× 𝑅𝑃𝑀 ×

𝜋

30
(4.6) 

 

Table 4-3 shows the parameters used to obtain the loads and powers. 

 

Table 4-3 Parameters needed to calculate loads and power 

µs m g R1 θ RPMLOW RPMHIGH drum 

0.45 770 kg 9.81 m/s2 0.108 m 20 5 15 
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Table 4-4 sums up results based on Equation 4.1, 4.2, 4.3 and 4.6, based on parameters from 

Table 4-3. 

Table 4-4 Results from Equation 4.1, 4.2, 4.3 and 4.6 

Eq.1 Eq.2 Eq.3 Eq.6 Eq.6 

Fx = 3739 N T = 3979 N MT = 430 Nm 𝑝(5) = 225 W 𝑝(15) = 675 W 

 

Results from the applied tension force are low, compared to the hydraulic engine’s power 

capacity, a max of 5 kW. There should not be any problem turning the drum (from a power point 

of view), even a manure hose at double length.  

 

4.5.4 Power from the tractor 

For a regular and semi-modern tractor, the max working pressure and flow can be found, 

provided by its hydraulic system. HMR suggested using 180 Bar and 100-140 L/min. 

Equation 4.7 can then be used to find the power. 

 

𝑃𝑜𝑤𝑒𝑟 [𝑘𝑊] =  
𝑃𝑟𝑒𝑠𝑠𝑢𝑟𝑒 [𝐵𝑎𝑟] × 𝐹𝑙𝑜𝑤 [

𝐿
𝑚𝑖𝑛]

600
(4.7) 

 

Using 180 Bar and 100 L/min, the power output from the tractor will be 30 kW. This is far 

above the max continuous hydraulic engine output, 5 kW, which implies that using the tractor 

output as a power reference isn’t suitable. 

 

4.5.5 Output from the hydraulic engine 

Looking at the max output in the MRC315CD/4 engine datasheet [13], the continuous drive 

condition has a max output of 5 kW. Using the continuous drive as a boundary condition, the 

engine capacity can be further investigated. 

The continuous drive implies that max torque output is set as 360 Nm. Datasheet reads of some 

outer boundaries, where 130 RPM reads ~360 Nm and 180 RPM reads 260 Nm. For further 

calculations, 5 kW will be used to decide on the belt drive systems capacity. Comparing the 

power with the power requirements from the drum load, the hydraulic engine is more than 

capable. Anyhow, the engine may require more power to compensate for the efficieny loss at 

such low engine RPMs.  

The hydraulic engine’s minimum RPM is set to 10. This information should be taken into 

account when defining the ratio between the driving (engine) and driven (drum) axes, i.e., if the 

RPM of the drum is 5, the engine should not go below 10. 
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4.6 Summary and conclusion 

4.6.1 Power capacity 

From the basic calculations and assumptions, the power needed can be met by each system (if the 

belt drive is considered the “weakest”). Efficiency in real life will not be 100%, but close, 

depending on the system. If a safety factor of 10 should be used, on e.g., the torque, a system can 

still be developed with that range, based on the assumption of a belt drive.  

 

4.6.2 Space limitations 

Looking at Figure 4-6, the distance from the bearing mount to the front of the frame equals 

~880 mm. The tractor has its mounting device (hitch) hooked up at the front of the frame (down 

low in Figure 4-6). There are some space limitations for mounting of e.g., an engine in front of 

the frame since the tractor will be placed there. Space limitations also depend on the type of 

tractor. 

 

 

Figure 4-6 Top view of frame with bearing locations 

 

Figure 4-7 shows the width of the drum, from the bearing’s inner surfaces. This indicates a 

limited space between the drum and frame, making it inconvenient to mount things there. The 

space will most likely be benefited outside the frame, either in width, length, or both. The length 

of 880 mm gives many possibilities for gear, chain, and belt drive.  
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Figure 4-7 Top view of drum with bearing locations 

 

With a direct drive or planetary gear, the engine output shaft would coincide with the drum axis. 

If a planetary gear were to be used, some alternative mounting setup should be sorted out. A 

driven pulley or sprocket for a belt or chain drive can be mounted directly on the drum shaft, 

either in between the bearing and drum or at the outside of the bearing. 

 

4.6.3 Additional  

For each system, there should be additional “accessories”, like tensioner, idler, overload 

preventer, and lubricater. Both chain and gear are recommended to be lubricated. Both chain and 

belt are recommended to have an idler for tensioning (or tensioner on the engine). All of them 

should have a solution for torque overload, whereas the belt may have the opportunity to slip. A 

torque overload device can be implemented for both gear and chain.  

Maintenance by e.g., changing belts, is an important factor. If the driven pulley is located between 

the bearing and drum, the drum needs to be disassembled from the frame, before changing the 

belt. The chain can be split in half, making it easy to change. Gear change depends on the setup, 

but most likely by lifting it off from the frame. 

 

4.6.4 System conclusion 

The design of a new transmission system should be easy to use, maintain, understand and to 

manufacture and produce. A fancy solution with a crazy setup isn’t necessary. After some 

thought, belt and chain drive are the most suitable ones. Gear is more costly (maybe not for a 

simple two-axis gear train) and damage can occur on all gears, even if one fails. Having a precise 

setup and alignment is important, which is far from impossible, but requires more when 
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assembling the drum. It should then be built with no complications of removing and placing the 

drum (owner should not require special skill for this). In addition, a torque overload device is 

needed (can be as easy as a keyway on the input shaft). 

Chain and belt are very similar. Belt drive can provide slip for overload purposes, which chain 

can’t. The chain can be split for easy replacement while the belt can’t. Chain works best with 

lubrication while belt has no need for lubrication. Working from this, belt seems more suitable 

than chain.  

The greatest advantages with belt drive are the slip condition, no required lubrication, 

cost-effective and may not wreck itself if there is some misalignment. The disadvantages are high 

bearing loads and that a low speed is not optimal (especially for V belts). This may also be the 

tipping point for deciding between the chain and belt, or between different belt types 

Further design study will be focused on V belts, finding the most suitable size for the required 

specifications. 

 

  



37 

5. Solution and design methodology 
 

Design and calculations are closely connected. Without the correct calculations, the design can be 

pretty, but not functional for its tasks. Without a design study, calculations have no foundation to 

work on. Design work and methodology will aim towards linking the general requirements, 

making sure they meet the superior system need. By doing this, constraints can be set, which also 

gives a lead on a feasible design. In the end, design and functionality are the most important, seen 

from the user’s perspective. The user doesn’t care about the calculations. That’s the engineer’s 

concern. 

 

5.1 Considerations 

Some boundary conditions need to be set. The boundaries will keep the progress within a specific 

path, knowing that these must be met with the following solution. 

 

5.1.1 Belt and pulley 

The system will strive against the use of a two-axis setup. Pulley number 1 with input from the 

engine and pulley number 2 as output to the drum, with the belt in between. As mentioned 

earlier, V belts are suitable for transmitting high torque. Only downside with a pulley system, 

especially V belts: belt speed should not be lower than 5 m/s. Below this, slip and creep may 

occur. Even though this is a limit, it does not imply that it’s impossible. Why not find a way 

around it? A thought could be by adding several belts, increasing the wedging action, or by 

having a higher tension, where all of them can influence the belt wear. Can higher wear based on 

a shorter life span be accepted? If the runtime is relatively low for each year, designing based on a 

shorter life span can be an option 

 

5.1.2 Tensioner 

After some runtime, the belt will most likely stretch, creating slack in the system. By having 

correct belt tension, the belt will last longer. If the calculations are based on a specific value for 

belt tension, then it should be maintained. This can be done either manually, where the user 

adjusts at some time interval, or by having an automatically adjustable system. By having a spring-

based idler, the correct tension can be held over time. If not an idler, adjustments can be done on 

e.g., the driven pulley, or the hydraulic engine. Required pre-tension will most likely change based 

on the belt type and system setup. 

 

5.1.3 Safety cover 

An open system is not preferable. Adding a safety cover has its advantages, especially two: to 

prevent dirt from reaching the system (increasing lifespan) and personal injury. When working 
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with moving parts, there must be precautions. Even though a cover is necessary, it may take up a 

lot of space. The following question should then be asked: What’s more important? Take up 

more space, increase design work, parts, and money, or to prevent injuries on its surroundings? 

By covering basic EHS, injuries can be prevented. Anyhow, the cover should be robust and 

lightweight, with an easy detachment function. 

 

5.2 Investigating the existing system 

Figure 5-1 shows the chain solution on the existing system. The sprocket is attached to the 

engine, transmitting rotational power to the chain, having the characteristics of an internal gear 

[4]. The drum itself is mounted on the frame with bearings. 

 

 

Figure 5-1 Today’s power transmission solution 

 

By using the assumptions from the engine output RPMs, it can be investigated at what RPM the 

drum will turn at, and the torque transmitted. The capability of the new system should be equal 

to, or greater than the existing one. It’s important that the new system has at least the same 

capability to transmit power. 



39 

When assuming a no-slip condition between the sprocket and the chain, tangential velocities at 

their pitch circle are equal. Figure 5-2 indicates the sprocket as number 1 and the chain ring as 

number 2. 

 

 

Figure 5-2 Theoretical illustration of the existing power transmission 

 

Velocities can then be written as 

 

𝑣1 = 𝑣2 (5.1) 

 

By using the relations from Figure 5-2 

 

𝜔1𝑟1 = 𝜔2𝑟2 (5.2) 

 

Solving for the angular velocity of the drum 

 

𝜔2 = 𝜔1

𝑟1

𝑟2
= 𝜔1

𝐷1

𝐷2

(5.3) 
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As before, RPM will be the working unit, obtaining 

 

𝑅𝑃𝑀2 = 𝑅𝑃𝑀1

𝐷1

𝐷2

(5.4) 

 

Since the sprocket is attached to the engine, they will have the same angular velocity (and torque). 

Recalling that the engine power was set to 5 kW and 130 RPM occurred at 360 Nm and 

180 RPM at 260 Nm, the  

Pitch diameter of the sprocket D1 ~ 0.109m 

and 

Pitch diameter of the chain ring D2 ~ 0.309m 

Using Equation 5.4, drum RPM ~36 RPM at the lowest, and ~50 RPM at the highest. This is 

way above the assumption of 5 to 15 RPM. The torque transmitted and the ratio are useful to 

know since the new design should have an equal or higher capability of transmitting torque. 

Assuming negligible power loss, transmitted power can be written as 

 

𝑝1 = 𝑝2 (5.5) 

 

Using the relations between power, torque, and angular velocity 

 

𝑝 = 𝑀𝑇 × 𝜔 (5.6) 

 

Combining Equation 5.5 and 5.6 into 

 

𝑀2 = 𝑀1 ×
𝜔1

𝜔2
= 𝑀1 ×

𝑅𝑃𝑀1

𝑅𝑃𝑀2
= 𝑀1 × 3.61 (5.7) 

 

3.61 describes the torque ratio. By Equation 5.7, the 360 Nm (max) torque transmitted by the 

sprocket (from the engine), gives an output of 1300 Nm. The internal gear setup provides low 

speed and high torque on the drum. The new system needs to surpass the torque capability, as 

well as the lowest RPM output from the engine. 

 



41 

5.3 Design solutions for the belt drive system 

There are several types of belts to use for the transmission system which may lead to different 

types of design. This Chapter will go through three design proposals. Figure 5-3 shows simply 

how the existing design looks like today. The chain ring is not modelled in Figure 5-3 and is 

supposed to be bolted onto the drum (four threaded holes). It is a compact build, with easy 

access. 

 

 

Figure 5-3 Illustration of the existing setup, without chain ring 
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5.3.1 Design proposal 1 

Figure 5-4 shows the engine, bolted onto a triangular plate located between the beam members. 

The triangular plate acts both as a engine bracket and frame reinforcement. Anyhow, the 

placement of the engine is unlucky. Imagine the process of attaching the drum onto the frame. 

Tractor starts backing up, with its frame mounted on the rear hitch. With a bit of unluck, the 

drum might hit the engine. Even though hydraulic engines are robust, it’s not convenient. This 

might not be the most suitable design. 

 

 

Figure 5-4 Design proposal 1, engine mounted internally on the frame 
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5.3.2 Design proposal 2 

Figure 5-5 is inspired by the existing solution. The engine is mounted on the outside of the 

frame, increasing the width of the frame, but remains compact. A tensioner has been mentioned, 

and this is one way to solve it. The engine is mounted on a bracket, which slides back and forth 

on a base plate. On the base plate, there is an adjusting bolt. When tightening the bolt, the 

baseplate stands still while the engine gets pushed away, increasing the belt tension. Top view is 

shown in Figure 5-6. 

 

 

Figure 5-5 Design proposal 2, engine mounted close to the drum, outside of the frame 

 

 

Figure 5-6 Design proposal 2, top view 
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5.3.3 Design proposal 3 

As shown in Figure 5-7, the engine is mounted on the top front of the frame. The transmission 

system is not compact anymore, and the C-C (centre to centre) distance between the pulleys is 

greater. V belts are commonly used for shorter C-C distances. Whether the C-C distance is too 

long, needs to be investigated. If so, another belt type can be used.  

 

 

Figure 5-7 Design proposal 3, engine mounted on top of frame, longest distance 

 

5.4 Preferrable design solution 

All the designs have its driven pulley placed on the outside of the bearing. Placing the pulley on 

the inside would make it more compact whereas belt change would then be more stressful. If the 

belt should be replaced (with a pulley on the inside), the drum needs to be detached from the 

frame. Placing the pulley on the outside will eliminate the drum detachment.  

Design number 1 has its biggest disadvantage, engine location. The user should not be worried 

about hitting the engine when attaching the drum to the frame. Design number 1 won’t hold.  

Both design number 2 and number 3 are feasible and have both advantages and disadvantages. 

Design number 2 provides a compact and short C-C distance. It’s also easier to make changes to 

this parameter since there is more space to work on. In addition, extra members for the engine 

bracket is necessary. Simultaneously, the driven pulley should not get in contact with these 

members. This can be avoided by placing the engine at a higher point. 
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Design number 3 is mounted on the top front of the frame. C-C length increases, and it’s not 

that compact anymore. Tensioning can be done with e.g., a baseplate, as introduced in design 

number 2. There is also a possibility to attach an idler on the side.  

HMR has mentioned design number 3 as the most convenient design. Design number 3 

allows HMR to further develop a frame using a (different) engine with two output shafts, 

extended to both sides. This allows mounting an extra pulley system on the other side, with the 

same dimensions. Since this is for the futuristic development plan, it will not be covered in this 

thesis. 

 

5.5 Design study of V belts 

Since the V belt was decided on, it should be investigated if it is feasible for this project. Some 

limitations about the belt speed will be mentioned before the calculations and selection of a 

proper V belt will be made. 

 

5.5.1 Biggest limitation  

The biggest limitation is the belt speed. As mentioned before, the centrifugal force limits the use 

of V belts with speeds lower than 5 m/s [24]. Several books mention this, but without reasoning. 

From personal experience, a V belt with low speed has been observed. Why is it so difficult to 

find literature on this? 

A theory can be the energy loss when forcing the belt out of the pulley since it relies strongly on 

friction. The belt wraps around the sheave and wedges itself down the groove. The centrifugal 

force forces the belt out of the groove, lowering the contact between the sheave and belt. At 

optimal belt speeds, typically 20-25 m/s, the belt has enough friction to transmit motion and 

power, and little enough to exit the groove with low energy loss. At high belt speeds, the 

centrifugal force forces the belt outwards, reducing the necessary friction needed to transmit the 

power and motion, resulting in slip. For the manure drum, the belt speed is below 5 m/s, and the 

centrifugal belt force is low, implying that the belt requires more energy to exit (due to friction).  

Question is: is there too much energy loss, unwedging the belt from the groove, making the 

efficiency of the system even lower? Are there any other belt types that does not rely on friction, 

which satisfy the design needs? 

Further calculations will be done, based on the design of V belts. It’s hard to determine if V belt 

is functional in real life, or if the formulas used has large deviations at low belt speeds. 
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5.6 Pulley diameters 

If the ratio of the old system (3.61) should be obtained, the same ratio between the driven and 

driving pulley should be equal. Setting the driven pulley with pitch diameter DP = 350 mm, the 

dimension of the driving pulley can be obtained by 

 

𝑑𝑝 =
𝐷𝑝

3.16
 (5.8) 

 

Equation 5.8 results in a pitch diameter of 96.95 mm. A diameter of 95 mm obtains the ratio. 

Even though the ratio is obtained, it does not mean it will transfer it. Power loss occurs between 

the two pulleys. Some thought solutions would be to add a second pulley. The second pulley 

won’t increase the power (since it’s limited by the engine) but helps if the single belt slips. Adding 

a second pulley means adding a second belt, which also needs energy to unwedge from the 

groove. A wider angle on the groove could be considered, which may decrease the wedging 

friction. Further on, the torque ratio may be adjusted if allowable.  

 

5.7 Belt speed 

As mentioned before, the belt speed should be as high as possible since the lower limit of 5 m/s 

is not yet reached. With 5 kW output at 130 RPM, the belt velocity can be defined as 

 

𝑉𝑏𝑒𝑙𝑡 =
𝜋

30
× 𝑅𝑃𝑀 ×

𝑑𝑝

2
(5.9) 

 

With 130 RPM and diameter of 95 mm, a belt speed of 0.656 m/s is obtained. With a diameter of 

e.g., 135 mm, belt speed equals 0.918 m/s. In reality, the RPM of the drum is assumed to be 15 at 

max. With a ratio of 3.16, the RPM of the engine will then be ~47. This is not even close to 

130 RPM. The belt speed will be low either way. 
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5.8 V Belt selection 

V belt selection process has been taken from “Shigley’s Mechanical Engineering Design” [4], and is 

based on the cross section of a V belt, shown in Figure 5-8.  

 

 

Figure 5-8 Cross-section of a V belt, according to [4] 

 

Belt type is divided into several sections depending on the kW range for one belt. Section A 

from [4] uses the range of 0.2 to 7.5 kW, which is suitable for the 225 W at 5 RPM on the drum, 

obtained earlier. Section A belt specifications are presented in Table 5-1. 

 

Table 5-1 Specifications for belt type A [4] 

Belt  

Section 

Width a  

[mm] 

Thickness b  

[mm] 

Min. pulley OD 

[mm] 

kW range 

A 12 8.5 75 0.2-7.5 

 

5.8.1 Belt length and C-C distance 

Belt length can be determined from C-C distance and pulley diameters. Pitch length of belt is 

defined by 

 

𝐿𝑝 = 2(𝐶 − 𝐶) +  
𝜋(𝐷𝑝 + 𝑑𝑝)

2
+

(𝐷𝑝 − 𝑑𝑝)
2

4𝐶
(5.10) 
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Where DP is the big pulleys pitch diameter and dP is the pitch diameter of the small pulley. The 

inside circumference of the belt can be picked out from Table 5-2, which equals to L. Since the 

pitch length and inside circumference is unequal, a length conversion will be made, obtaining the 

inside circumference 

 

𝐿 =  𝐿𝑝 − 𝐿𝑐𝑜𝑟𝑟𝑒𝑐𝑡𝑖𝑜𝑛 (5.11) 

 

LCORRECTION gave 32 mm for section A belts [4]. The different inside circumferences are listed in 

Table 5-2, which will be used when ordering a belt. 

 

Table 5-2 Inside circumference and added length for section A belts [4] 

Section Inside circumference [mm] LCORRECTION [mm] 

A 650, 775,825, 875, 950, 1050, 1150, 1200, 1275, 1325, 1375, 

1425, 1500, 1550, 1600, 1650, 1700, 1775, 1875, 1950, 2000, 

2125, 2250, 2400, 2625, 2800, 3000, 3200 

 

32 

 

If the belt length changed when subtracting LCORRECTION, finding the new C-C distance would be 

necessary. Equation 5.10 finds the new C-C based on the new pitch length. 

 

𝑁𝑒𝑤 𝐶 − 𝐶 = 0.25 × {[𝐿𝑝 −
𝜋(𝐷𝑝 + 𝑑𝑝)

2
] + √[𝐿𝑝 −

𝜋(𝐷𝑝 + 𝑑𝑝)

2
]

2

− 2(𝐷𝑝 − 𝑑𝑝)
2

  } (5.10) 

 

Table 5-3 shows the belt specifications for design number 3. 

 

Table 5-3 Specifications with belt length of 2447 mm and corrected 2400 mm 

 Belt 

section 

C-C 

[mm] 

Belt length, 

circumference 

[mm] 

From 

Table 5-2 

[mm] 

New C-C [mm] 

D = 350 mm 

d  = 95 mm 

A 881 2447 2400 ~857 

 

The C-C distance should not be greater than 3 times the sum of the sheave diameters[4], 

1335 mm, which is approved. 
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5.9 V Belt power ratings 

Following calculations is aided based on belt section type, correction factors on the transmittable 

power per belt, and the power to be aimed for. This will give the amount of belts needed to 

transmit the power [4]. 

Power ratings of standard A section V belts are shown in Table 5-4. It’s observed that the belt 

speed stops at 5 m/s. Power ratings is based on the smallest sheave diameter, 95 mm in this case. 

Looking at the 95 mm row in Table 5-4, the highest power capacity for a single belt occurs at 

20 m/s. At 25 m/s it drops, making 20 m/s look like the optimum belt speed. 

 

Table 5-4 Belt power ratings for several pulley pitch diameters, based on section A belt [4] 

Belt 

section 

Pulley 

pitch dia. 

[mm] 

  Belt speed 

[m/s] 

  

  5 10 15 20 25 

 85 0.60 0.98 1.17 1.64 0.84 

A 95 0.69 1.16 1.43 1.49 1.28 

 105 0.77 1.30 1.64 1.78 1.63 

 115 0.83 1.41 1.82 2.01 1.93 

 

Using dCodes “Function Equation Finder” [25], a function based on the 95 mm pulley can be 

approximated, assumed concave parabolic. Datapoints to be evaluated is listed in Equation 5.11. 

 

{
𝐵𝑒𝑙𝑡 𝑠𝑝𝑒𝑒𝑑 

𝑚

𝑠
𝑃𝑜𝑤𝑒𝑟 𝑟𝑎𝑡𝑖𝑛𝑔𝑠 𝑘𝑊

} = {
𝑋
𝑌

} = [
0
0

 
5

0.69
 

10
1.16

 
15

1.43
 

20
1.49

 
25

1.28
] (5.11) 

 

Since the power is a function of the circumferential force of the belt and the belt speed, it can be 

written as 

 

𝑝 = 𝐹𝑐 × 𝑣 (5.12) 

 

An approximated power function from based on datapoints in Equation 5.11 can be written as 

 

𝑝(𝑣) ≈ −0.00438571𝑥2 + 0.161471𝑥 − 0.005 (5.13) 
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Equation 5.13 is then plotted with Matlab [26], Figure 5-9. 

 

 

Figure 5-9 Plot of power rating per belt at different belt speeds 

 

The plot shows the approximated parabola with its optimum belt speed at 18 m/s and power 

rating of 1.48 kW. Comparing it to Table 5-4, the values have a small deviation, about +/- 30 W. 

Max drum RPM was assumed to be 15 RPM, which converts to a belts speed of 0.275 m/s. 

Looking at the belt speed at 0.275 m/s, the transmittable power per belt is 39 W (which will be 

the tabulated power). Since the required power for 15 RPM is 675 W, it is not feasible. Number 

of belts can be decided by Equation 5.14. 

 

𝑁𝑏 ≥
𝐻𝑑

𝐻𝑎

(5.14) 

 

In Equation 5.15, Nb, Hd, and Ha is number of belts, design power and allowable power per belt, 

respectively. Allowable power per belt can be obtained from the tabulated power ratings (from 

the approximated power function). As for a belt setup with equal pulley diameters (the angle of 

contact, θ, equals 180 for both pulleys), a moderate length and a steady load, the tabulated power 

ratings can be used directly. If this is not the case, the allowable power is a corrected version of 

the tabulated power ratings. 

 

𝐻𝑎 = 𝐾1 × 𝐾2 × 𝐻𝑡𝑎𝑏 (5.15) 
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K1 – angle of contact, θ, correction factor 

K2 – belt length correction factor 

Htab – tabulated power rating 

K1 can be found from Table 5-5 based on different parameters. Since the V belt has both pulleys 

designed with grooves, correction factor is listed under section VV. 

 

Table 5-5 K1 correction factor based on different parameters [4] 

𝑫 − 𝒅

𝑪
 

 

θ, degrees 

K1 correction factor 

VV 

0.00 180 1.00 

0.10 174.3 0.99 

0.20 166.3 0.97 

0.30 162.5 0.96 

0.40 156.9 0.94 

0.50 151.0 0.93 

0.60 145.1 0.91 

0.70 139.0 0.89 

0.80 132.8 0.87 

 

To define the correction factor, some parameters need to be defined. First, (D-d)/C 

 

𝐷𝑝 − 𝑑𝑝

𝐶
=

350 − 95

451
= 0.565 (5.16) 

 

And angle of contact, θ 

 

𝜃 = 180 − 2𝛼 (5.17) 

 

Where 𝛼 is shown in Figure 5-10, and obtained by 

 

sin(𝛼) =  
𝐷𝑝−𝑑𝑝

2 × 𝐶
(5.18) 
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Figure 5-10 Belt and pulley parameters 

 

Following Equation 5.16, 5.17, 5.18, Table 5-5 reads (with interpolation) K1 ~ 0.92. 

For A-section belt at 1600 mm in nominal belt length, K2 equals 1.00 [4]. From Equation 5.15, 

the allowable power per belt gives Ha = 35.88 W. Equation 5.20 defines the number of belts to 

transmit the required (nominal) power. First, the nominal power Hnom will be corrected.  

Equation 5.19 corrects Hnom into the following design power, Hd. Nominal power is the power 

to be delivered (i.e., the resistive power the manure hose generates), service factor Ks and design 

factor nd. Assuming light shock on the driven machinery and a normal torque characteristic from 

the source of power, the service factor Ks is set to 1.2. Design factor is typically assumed to be 

1.0 to 1.2. For this system, it can be set to 1.1 [4]. 

 

𝐻𝑑 = 𝐻𝑛𝑜𝑚 × 𝐾𝑠 × 𝑛𝑑 (5.19) 

 

From the assumption of 15 RPM on the drum and the calculations done on the required power 

(nominal power, 675 W), Equation 5.19 sets Hd to be 891 W. Recommended number of belts to 

transmit the required power can be found by Equation 5.20. 

 

𝑁𝑏 ≥
891 𝑊

35.88 𝑊
= 24.83 𝑏𝑒𝑙𝑡𝑠 (5.20) 
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5.10 Conclusion on V belts 

~25 belts are required, which is not the best option. This shows that the belt speed is an 

important factor. A similar calculation with a belt speed of 5 m/s (and the same parameters) has 

shown that two belts are enough to transmit and meet 675 W on the drum. This concludes V belt 

as unfeasible for this design. This also yields for design number 3, since the only difference is the 

factors K1 and K2, which won’t provide a suitable number of belts. 

Since increasing the belt speed, the centrifugal forces will separate the belt from the sheave, 

decreasing the frictional contact force. As the belt speed increases past the optimum speed (in 

this case ~20 m/s), the transmitted power will decrease. As the speed decrease, the transmissible 

circumferential force increases (since the centrifugal force attribution decreases). If the belt speed 

is then reduced to such an extent that there is hardly any movement in the belt, the increased 

transmissible circumferential force won’t help [27]. That’s where the optimum belt speed comes 

into picture. A real-life test is a way to debunk or confirm the belt speed “problem”. 

Since the theoretical calculations didn’t turn out very well, synchronous belts will be investigated 

and considered for the next step in the design work. 

 

5.11 Design study of synchronous belts 

HMR provided contact info to Rubix Group [28], selling industrial products, such as gears, 

bearings, tools etc. Rubix shared their design manual (found in Appendix C) [6] for different 

types of synchronous belt setups, in this case, Gates [29] belt drives. The following belt type, 

Power Grip HTD (High Torque Drive), are ideal for high power transmissions in low speed and 

high torque applications, where durability and low maintenance is required (Appendix C) [30]. 
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5.12 Design manual for synchronous belts 

The design manual uses 5 steps for the design of a synchronous belt drive. Before step 1, 

following requirements need to be determined: 

• Power requirement and type of driveN machine 

a. 225 W for 5 RPM on drum 

b. 675 W for 15 RPM on drum 

• The RPM of the driveR machine (with ratio of 3.6) 

a. 18 to 54 RPM 

• The RPM of the driveN machine 

a. 5 to 15 RPM 

• The approximate C-C distances for the drive 

a. ~ 881 mm 

• Hours per day operation 

a. 50 hours pr year, 10 years, stated by HMR 

 

5.12.1 Step 1 – Determine the service factor(s) 

Manual uses two service factors. One for “Speed-up ratio range” and “Service factor”. Speed-up 

ratio would be if the drum where to rotate faster than the engine. This is not the case. Table 5-6 

shows a portion of the service factor chart from the manual. 

 

Table 5-6 Service factors for timing belts, provided by Rubix [6] 
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HMR suggested a service factor of Sf = 1.1-1.2, based on the low run time and acting loads per 

year. Sf = 1.2 will be used. 

 

5.12.2 Step 2 – Calculate the design power 

Design power will be obtained from the power requirement and service factor and can be defined 

as 

𝑝𝑑𝑒𝑠𝑖𝑔𝑛 = 𝑝𝑟𝑒𝑞𝑢𝑖𝑟𝑒𝑑 × 𝑆𝑓 (5.21) 

 

Design power is represented in Table 5-7 at different drum RPMs. 

 

Table 5-7 Design power at different drum RPM  

Drum RPM → 5 RPM and 225 W 15 RPM and 675 W 

Design Power 270 W 810 W 

 

5.12.3 Step 3 – Belt pitch 

Using the belt pitch selection guides in Figure 5-11, correct belt type within PowerGrip HTD can 

be chosen. “Faster shaft” represents the engine shaft.  

 

 

Figure 5-11 PowerGrip HTD belt pitch selection guide [6], modified 
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Reading of the design powers and RPMs, the points will be within 8M (8 mm belt pitch). Since 

the powers and RPMs are proportional to each other, they will act linearly on the selection guide, 

presented by the black line in Figure 5-11. 8M belt will be used for the next steps. 

 

5.12.4 Step 4 – Select the pulley combination, belt length and centre distance 

First off, speed ratio is obtained by dividing the faster shafts RPM on the slower shafts RPM. 

 

𝑟𝑣 =
𝑅𝑃𝑀𝑓𝑎𝑠𝑡𝑒𝑟

𝑅𝑃𝑀𝑠𝑙𝑜𝑤𝑒𝑟

(5.22) 

 

Current setup gives a 3.61 speed ratio. Further on, a centre distance table will aid to obtain the 

correct pulleys (with number of grooves), belt length and C-C distance. By using Table 5-8, the 

tabulated C-C distance closest to the desired distance can be found. 

 

Table 5-8 Centre distances tables 8M and 8MGT [6], modified 

 

 

Table 5-8 shows the speed ratios 3.60, 3.64 and 3.73 as number 1, 2 and 3, respectively. Yellow 

markings represent the closest C-C distances. As the pulley grooves increases, the pulley diameter 

also increases, which leads to increased weight. Having smaller pulleys with lower weight would 

be preferable. This needs to be discussed further on, depending on the influence of the system. 
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5.12.5 Step 5 – Select the belt width 

8M power ratings (green marker) with different size of pulleys are listed in Table 5-9. They are 

nowhere near the design power required, so an increase in belt width should be considered. The 

40 grooved pulley with 3.60 speed ratio looks like the most suitable one. 

 

Table 5-9 8M Power ratings in kW [6], modified 

 

 

These power ratings have a “belt width factor” Kb of 1.0, which is the same as 20 mm belt width 

[6]. By increasing the belt width, the factor increases. The corrected power rating can be found as 

 

𝑝𝑐𝑜𝑟𝑟𝑒𝑐𝑡𝑒𝑑 = 𝐾𝑏 × 𝑝𝑡𝑎𝑏𝑢𝑙𝑎𝑡𝑒𝑑 (5.23) 

 

For a speed ratio of ~3.60, number of grooves for the driveR pulley can be obtained from 

Table 5-8, as 40 grooves. In Table 5-9, 280 W is found at 50 RPM. The correct power rating 

from the column of “40 Number of grooves(…)” is then found by interpolation 

 

100 − 50

54 − 50
=

0.56 − 0.28

𝑋 − 0.28
(5.24) 

 

Solving Equation 5.24, X equals 302.5 W. For a belt width of 50 mm and factor Kb of 2.74, 

pcorrected equals 828.6 W. If Equation 5.25 is true, the belt is theoretically capable. 

 

𝑝𝑐𝑜𝑟𝑟𝑒𝑐𝑡𝑒𝑑 >  𝑝𝑑𝑒𝑠𝑖𝑔𝑛 (5.25) 
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It’s OK. In addition, a belt width of 85 mm and belt factor of 4.76, the power rating would be 

1440 watts per belt(!). Main concern will be the increased weight and size as the belt width 

increases. If 22 or 30 grooves were to be used, it would not make the required power ratings, 

even with a belt width of 85 mm. 

 

5.13 14M belt review 

8M barely met the requirements. Further investigation of a stronger belt will be carried through. 

Since the hose in this project isn’t the longest and heaviest, it would be an advantage if it could 

manage some of the larger hoses. First off, the initial values are the foundation. Afterwards, a 

comparison between 8M and 14M decides whom is the most suitable. Iteration will be carried out 

from step 4, selecting pulley combination, belt length and C-C. 

From Table 5-10, yellow marker represents the two closest C-C, 884.1 mm and 901.0 mm. The 

advantage of C-C of 884.1 mm is a shorter belt (cost wise), higher torque ratio, and less number 

of grooves. More grooves give greater diameter, leading to increased weight. 

 

Table 5-10 Centre distances for 14M and 14MGT, modified 

 

 

From Table 5-11 (same principle as for 8M), 30 groove pulley has the power ratings marked in 

yellow. By interpolating, the power rating can be obtained. For 15 RPM on the drum, 

interpolation gives 

 

60 − 40

55.95 − 40
=

1.3 − 0.8

𝑥 − 0.8
(5.26) 

 

Which reads to X ~1199 W. This is with a belt width factor of 1.0, referring to 40 mm belt width. 

With a belt width of 55 mm and belt factor of 1.50, Equation 5.26 gives X~1799 W. 
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Table 5-11 14M Power Ratings in kilowatts, modified 

 

 

By comparing the 8M and 14M belts, not only power ratings, but weights and diameters, 

obtained from “Tyma.eu” [31] , a clearer picture is made. Table 5-12 shows a comparison between 

8M and 14M, with different number of grooves, which lists up the pitch diameter and weights. 

 

Table 5-12 Comparison of belt and pulley specifications 

Specifications 8M 8M 14M 14M 14M 14M 

Belt width [mm] 50 85 40 55 40 55 

5 RPM on drum 18 on 

engine 

18 on 

engine 

18.65 on 

engine 

18.65 on 

engine 

18 on 

engine 

18 on 

engine 

15 RPM on 

drum 

54 on 

engine 

54 on 

engine 

56 on 

engine 

56 on 

engine 

54 on 

engine 

54 on 

engine 

Power rating 

(corrected) [W] 

828.6 1140 1199 1799 Not 

calculated 

Not 

calculated 

Grooves smallest 40 40 30 30 40 40 

Pitch dia. 

Smallest [mm] 

101.86 101.86 133.69 133.69 178.25 178.25 

Weight smallest 

[kg] 

3.5 5.2 5.45 6.6 10.6 11.2 

Grooves largest 144 144 112 112 144 144 

Pitch diameter 

largest [mm] 

366.69 366.69 499.11 499.11 641.71 641.71 

Weight largest 

[mm] 

13.8 21.5 26.7 29.5 35 39 

Speed ratio 3.60 3.60 3.73 3.73 3.60 3.60 

 

It’s worth noticing the difference in pitch diameter and weight for 8M and 14M, with the same 

speed ratio (3.60). 14M transmit enough power per belt but has a significantly high pitch diameter 

and weight on the largest pulleys. 8M also transmit enough power, but with almost half the 

weight, and a decrease in pitch diameter. The pitch diameter isn’t far off compared to the existing 
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(chain) pitch diameter. On the other hand, power is more limited, and may not be feasible for a 

longer and heavier manure hose (if this system should be implemented further on). It’s hard to 

say if it’s doable with 8M for heavier hoses, since the calculations are based on assumptions. E.g., 

the actual coefficient of friction in real life may be 0.2, and not 0.45, which is assumed in the 

previous calculations. 

 

5.14 Change in speed ratio 

The ratio between the engine and drum are currently set as 3.61. Higher ratio gives a higher 

torque output and decreased RPM output. This is optimal since high torque and low speed is 

preferable for this system. Downside is the size of the drum pulleys. Greater ratio, larger pulleys, 

leading to increased weight. More material also impacts the cost. If weight is to be decreased, the 

ratio can be decreased. In addition, the “torque lost” must be compensated for, due to decreased 

ratio.  

One crucial consequence will be lower engine speed, avoiding going below 10 RPM. If the 

rotations on the engine and the torque required from the engine is met, it should theoretically be 

fine. Table 5-13 shows different speed ratios with engine torque and RPMs. 

  

Table 5-13 Overview of torque, RPM and engine power, based on 5 and 15 RPM on drum 

5 RPM on drum 2 2.5 2.8 3 3.3 3.61 3.73 

Torque [Nm] 215 172 154 143 130 120 116 

RPM 10 12.5 14 15 16.5 ~18 ~18.7 

Power [W] 225 - - - - - - 

15 RPM on drum        

Torque [Nm] 215 172 154 143 130 120 116 

RPM 30 37.5 42 45 49.5 ~54 ~56 

Power [W] 675 - - - - - - 
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5.15 Picking suitable belt and pulley dimensions 

Table 5-14 shows power ratings for different speed ratios, not included 2.0, 3.61 and 3.73. 5 RPM 

has been used for this table. It also shows that the power rating is a function of RPM and 

number of grooves for the smaller pulley. Table 5-14 has ratio 2.8 and 3.0 marked with green and 

blue, respectively. These has the highest power ratings, making them the most interesting ones. 

Not to be confused, the faster pulley (usually the smallest) decides the power rating, and the 

largest will (obviously) have the largest size, weight, and cost. Also, an increased belt width results 

in a greater power rating. A suitable ratio between the largest and the smallest pulley should be 

investigated and obtained. 

 

Table 5-14 8M belt with 5RPM on drum, where yellow marking > 270 W 

 2.55 2.8 2.95 3.0 3.29 

Z1 44 40 38 48 34 

Z2 112 112 112 144 112 

RPMENGINE 12.5 14 14.75 15 16.45 

C-C [mm] 883.8 891.3 895.0 806.7 902.5 

Power rating 

20mm belt [W] 

75 80 78.5 105 65.8 

Power rating 

30mm belt [W] 

118.5 126.4 124.03 165.9 104 

Power rating 

50mm belt [W] 

205.5 219.2 215.09 287.7 180.3 

Power rating 

85mm belt [W] 

357 380.8 373.66 499.8 313.21 

 

Table 5-15 shows a weight and dimension comparison between the ratio 2.8 and 3.0, 8M belt. 

 

Table 5-15 8M pulley weights and sizes [31] for ratio 2.8 and 3.0 

Number of 

teeth 

Weight 

50 mm [kg] 

Material 

50 mm 

Weight 

85 mm [kg] 

Material 

85 mm 

Pitch 

diameter 

[mm] 

Z = 40   1.92 steel 101.86 

Z = 48 2.54 Steel 2.96 steel 122.23 

Z = 112   15 steel 285.21 

Z = 144 15.2 Steel 20 steel 366.69 

 

The same comparisons for 8M will be done on 14M, covered in Table 5-16 and 5-17. 
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Table 5-16 14M belt with 5RPM on drum with yellow marks > 270 W 

 2.48 2.76 3.0 3.29 

Z1 29 29 30 34 

Z2 72 80 90 112 

RPMENGINE 12.4 13.8 15 16.45 

C-C [mm] 866.2 or 936.6 906.4 864.6 871.6 

Power rating 40mm 

belt [W] 

248 276 300 493.5 

Power rating 55mm 

belt [W] 

372 414 450 740.25 

 

Note: Ratio 2.48 has the lowest pulley weight (for the largest ones), with 72 grooves and a weight 

of 16.08 kg. 

 

Table 5-17 14M pulley weights and sizes based yellow marks in Table 5-16 

number of 

teeth 

Weight 

40mm [kg] 

Material 

40mm belt* 

Weight 

55mm [kg] 

Material 

55mm belt* 

Pitch 

diameter 

[mm] 

Z = 29 2.58 steel 2.54 steel 129.23 

Z = 30 2.89 steel 3.14 steel 133.69 

Z = 34 4.11 steel 4.91 steel 151.52 

Z = 72 16.08 Gray cast 

iron** 

18.04 Gray cast 

iron 

320.86 

Z = 80 16.02 Gray cast 

iron 

19.96 Gray cast 

iron 

356.51 

Z = 90 18.520 Gray cast 

iron 

21.94 Gray cast 

iron 

401.07 

Z = 112 18.94 Gray cast 

Iron 

30.46 Gray cast 

Iron 

499.11 

* Material is obtained from Tyma [31].  

** Gray cast iron needs to be balanced with v < 30m/s [31]. 
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5.16 Two temporary and feasible belt dimensions 

Several types of 8M belts are doable, providing smaller and lighter pulleys than the 14M. 14M 

delivers more power with a smaller belt width but has the downside of increased weight and size. 

Conclusion has come to two systems, one with 8M and one with 14M, specified in Table 5-18. 

 

Table 5-18 Two temporary and feasible belt dimensions 

 8M 14M 

Ratio 2.8 2.48 

Z1 40 29 

Z2 112 72 

RPM engine 14 12.4 

Pitch smallest 101.86 129.23 

Weight smallest 1.92 2.54 

Pitch Diameter largest [mm] 285.21 320.86 

C-C [mm] 891.3 866.2 or 936.6 

Weight largest [kg] 15 18.04 

Belt width [mm] 85 55 

Power rating [W] 5RPM 380.8 372 

Material Steel Steel and cast iron 

 

5.17 Mounting of the belt system 

When assembling the belt system, the belt needs to be pre-tensioned. The pre-tension will act as 

a force on both the engine and drum shaft. Design manual for gates system, provided by Rubix 

[6], includes pre tensioning forces, installation tension, mid-belt deflection and belt span. Figure 

5-12 shows a sketch of the different factors mentioned. 
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Figure 5-12 Belt setup and parameters 

 

S – Belt span as following 

 

𝑆 = √(𝐶)2 − (𝑅 − 𝑟)2 (5.27) 

 

 

δ – Mid-belt deflection, described as 

 

𝛿 =
𝑆

50
(5.28) 

 

Ft – Installation tension, with following interval  

 

𝐹𝑡 = [𝐹𝑡 𝑚𝑖𝑛, 𝐹𝑡 𝑚𝑎𝑥] =  [
𝑝 × 25

𝑣
 ,

𝑝 × 60

𝑣
] (5.29) 

 

Tst – Static tension pr. belt defined as (Where C is centre distance) 

 

𝑇𝑠𝑡 = 600 ×
𝑝

𝑣
(5.30) 

 

R – Radius of largest pulley 

r – Radius of smallest pulley 

 

Results from Equations 5.27 to 5.30 are listed in Table 5-19. 
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Table 5-19 Different belt configurations for installation purposes 

 8M-belt configuration 14M-belt configuration 

S – Belt span [mm] 890.57 865.9 

δ – Mid-belt deflection [mm] 17.81 17.32 

Ft – Installation tension [N] [75, 180] [54, 67] 

Tst – Static tension pr. belt [N] 1800 1607 

R – Largest pulley radius [mm] 142.605 160.43 

r – Smallest pulley radius [mm] 50.93 64.615 

 

5.18 Verify that existing parts can withstand the pulley system 

As the pulley system replaces the chain and sprocket, the drum experiences a different load 

scenario. As a designer and product developer, these parts should be identified and verified if 

they can withstand the new load scenario(s). Dimension and design change will most likely occur 

since the load scenario is different. 

 

There has been no decision upon a safety factor, but a safety of 4 against yielding stress can be a 

reasonable number. As long as the different parts has sufficient safety factors, they can be 

thoroughly investigated later on if the belt system goes to production.  

 

5.19 Driven drum shaft 

Since the existing shaft wasn’t used as a torque converting shaft, it should be checked if it’s 

strong enough to withstand the “added” loads. Figure 5-13 shows the drum shaft, aligned with 

the circular plate (welded on the non-visible drum), through the bearing and with the pulley 

attached at the other end. 

 

 

Figure 5-13 Base layer setup for future calculations 
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Existing drum shaft has a diameter of OD 30 mm at its smallest. That’s also where the bearing is 

mounted. Shaft is extended for pulley installation purposes.  

 

5.19.1 Simulation of drum shaft, OD 30, 35, 38 and 40 mm 

Simulations will be worked out in Inventor Autodesk’s FEA. 

General simulation criterions: 

• Shaft and plate are bonded. In reality, there are welds keeping them together 

• Shaft can rotate/slide within the bearing, simulating the rolling motion 

• Bearing is fixed at its outer perimeter, simulating the bearing being fixed 

• Shaft can’t slide in Z-direction (horizontally) but can be displaced in the vertical (together 

with the plate) 

• Vertical weight force from the heaviest pulley, 158 N, at a 177 mm distance from the 

plate face 

• Horizontal tension force from the total (resultant) tension of the belt, 3600 N, at a 

177 mm distance from the plate face 

• Torque at 430 Nm 

• Additional counteracting torque on the backside, simulating the counter torque induced 

by the tensional force of the manure hose. 

• S355 material will be used, where it has it’s yielding point at 355 MPa for OD ≤ 40 mm 

and 335 MPa for OD > 40 mm 

• Shaft is extended, as mentioned earlier 
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Simulation 1 – OD 30 mm 

Figure 5-14, existing shaft with an OD of 30 mm. 165 MPa is about half the yield strength. This 

gives a yield safety factor of 2.15, which may seem too low. The overall stress is relatively high. 

 

 

Figure 5-14 FEA of drum shaft with OD 30 mm 

 

Note: Weight force from the drum was not added. Some tweaking was done with the forces and 

contact conditions. Tweaking did not give satisfying results. 
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Simulation 2 – OD 35mm 

Figure 5-15 shows 105.8 MPa at the dimension change, with a safety factor of 3.38, which is 

more promising. The stress between the shaft and plate, 179.8 MPa, occurs because they are 

bonded. In reality, shaft is welded onto the back (and front if necessary). 

 

Note: Simulated bearing component is non-visible in the following analysis. 

  

 

Figure 5-15 FEA of drum shaft with OD 35 mm 
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Simulation 3 – OD 38 mm 

Figure 5-16 shows analysis of 38 mm OD shaft. Mesh area at the dimension change was adjusted 

to 2 mm. 364.9 MPa peak stresses look like the contact stresses between the shaft and bearing. 

Or else, it is random peak stresses, i.e., not “real” stresses. Otherwise, 79.9 MPa gives a safety 

factor of 4.44. That’s feasible. Unclear whether the 364.9 MPa is realistic. 

 

 

Figure 5-16 FEA of drum shaft with OD 38 mm 
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Simulation 4 – OD 40 mm 

Next shaft has an OD 40 mm, with dimension change to OD 50 mm, with OD 60 mm at the 

back of the plate. For this, the hole through the plate was adjusted to 50 mm. Reason for the 

shaft dimension change, is to “make it stronger” by changing it to a greater dimension, rather 

than tweaking fillets and other parameters. Figure 5-17 shows a more satisfying result, with a max 

peak stress of 78.71 MPa. Safety factor will then be ~4.26. At this stage, the shaft, bearing and 

taper bushes for the heaviest and longest hose, needs to be investigated. It seems the shaft should 

make it based on the safety factor obtained, but that is out of the scope for this study. 

 

 

Figure 5-17 FEA of drum shaft with OD 40 mm 
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5.19.2 New analysis on simulation 4 due to load errors 

It was discovered that the tensional forces from the hose was not implemented in the analysis. A 

new analysis was made, with more parts included, making it easier to analysis. Analysis conditions 

are equal to that for test 4, with some additional points. The tube where the hose wraps around is 

“fixed” (not allowed to move or rotate), acting as a counter torque as the hydraulic engine turns 

the drum. Tensional force was also added in the following analysis, represented in Figure 5-18. 

 

 

Figure 5-18 Representation of the different loads acting on a simplified model, simulation 4 

 

Equivalent von Mises stresses came to 99.91 MPa, as shown in Figure 5-19. For S355 steel, a 

safety factor of 3.55 is obtained. It’s more than enough for the system and can be feasible for a 

larger hose type. If there are any concern of the material properties being too “weak”, materials 

like 34CrNiMo6 etc. can be used, which has a greater yield point, and is more durable against 

fatigue. Even though a safety factor of 3.55 is reasonably good, it’s necessary to look at fatigue 

due to cyclic stresses. Fatigue will be covered later in the design process. 

 



72 

 

Figure 5-19 New simulation with drum shaft OD 40 mm, max von Mises 99.91 MPa 

 

Shaft used in simulation 4 is shown in Figure 5-20. 

 

 

Figure 5-20 New shaft generated from simulation and required mounting for pulleys 

 

The plate will have the same attachment method (welding) to the drum and shaft. Difference will 

be the bore diameter, increased to ID 50 mm, Figure 5-21. 
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Figure 5-21 Plate with new ID 50 mm due to change in shaft dimensions 

 

5.20 Hand calculations 

Hand calculations can be a way to verify the FE analysis. Sometimes, the FEA has been run with 

the wrong boundary conditions, creating deviations. Not all calculations can be run with a single 

FEA, like bearing calculations. Hand calculations gives more understanding to the theory, but 

also provides an overview of the different variables and its consequences on the model. 

 

5.20.1 Scenario 1 – Spooling in the manure hose 

First off, a FBD (free body diagram) can identify the bearing reaction forces, but also the 

different values for bending moment and shear forces. Figure 5-22 shows the drum in a three-

dimensional perspective, defining the XYZ-directions. 
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Figure 5-22 Assembly of drum, frame, and belt setup in a three-dimensional perspective 

 

As the manure hose gets spooled in (at the very start), there’s a tensional force on the drum, but 

no weight force from the hose, only the drum itself. FDB for XZ plane is represented in Figure 

5-23. 

 

Note: Tst has been set to maximum, 1800 N, and the weight forces represents the heaviest pulley. 

Tension force from the hose is assumed to act in the middle. 

 

 

Figure 5-23 FBD of XZ plane 

 

From statics, reaction forces can be defined with the equilibrium equations. The sum of moments 

of point A 

 

↻ ∑ 𝑀𝐴 = 2 × 𝑇𝑠𝑡 × 92.5 + 𝑇𝑋 ×
1550

2
− 𝐵𝑋 × 1550 = 0 (5.31) 
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Solving reaction force at point B, BX equals 2204 N.  

 

Sum of forces in X-direction are defined by 

 

∑ 𝐹𝑋 = 2 × 𝑇𝑠𝑡 + 𝐴𝑋 + 𝐵𝑋 − 𝑇𝑋 = 0 (5.32) 

 

Equation 5.32 can be used to solve for AX, giving 1825 N. 

 

YZ plane contains only forces generated by the gravitational acceleration on the drum and largest 

pulley, as shown in Figure 5-24. With same procedure as XZ, AY and BY equals 517 N and 489 N, 

respectively. 

 

 

Figure 5-24 FBD diagram of YZ plane 

 

The third dimensional perspective is shown in Figure 5-25. 

 

 

Figure 5-25 FBD in XYZ dimension 

 

Since there are forces in several planes, a (bearing) resultant can be found by the Pythagoras 

Theorem 

 

𝑎2 = 𝑏2 + 𝑐2 (5.33) 
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Where the resultant bearing forces, FA and FB, shown in Figure 5-26. 

 

 

Figure 5-26 Resultant forces on bearing A and B, due to reaction forces in A and B 

 

Then, the bearing resultant forces at scenario 1 can be written as 

 

𝐹𝐴 = √𝐴𝑋
2 + 𝐴𝑌

2 = 1897 𝑁 (5.34) 

and 

𝐹𝐵 = √𝐵𝑋
2 + 𝐵𝑌

2 = 2258 𝑁 (5.35) 

 

 

5.20.2 Scenario 2 – Standing still with fully loaded drum 

In consideration, the resultant forces should be investigated for scenario 2, where the whole 

manure hose is winded in, adding 770 kg on the drum, setting the tension force to zero. Going 

through the same process with FBD for both XZ and YZ planes, and looking at the resultant 

force, the largest radial forces can be identified. Scenario 2 yields 

 

𝐹𝐴 = √(−3814)2 + 44552 = 5865 𝑁 (5.36) 

 

And 

 

𝐹𝐵 = √214.82 + 4256.82 = 4262 𝑁 (5.37) 

 

5.20.3 Bending moment diagram (BMD) 

From the FBDs, equations can be expressed for the BMDs. Both BMD and SFD can be defined 

visually, at least its shapes. Having a theoretical foundation, like an equation, it’s easy to find the 

bending or shear for a specific location, several times. For BMD in XZ and YZ, following 

procedure will be followed. 

Note: An example of a resultant bending moment will be done at the weld location of the shaft. 

Sketching up imaginary cuts on the element, between the acting forces, with bending moment for 

each cut. XZ plane can be sketched like Figure 5-27 shows. 
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Figure 5-27 Representation of imaginary cuts in XZ to aid with moment diagram and loads 

 

Each cut has its own equation. Using sum of moments, by equilibrium conditions, where the 

moment “M” represents the positive direction 

 

↺ ∑ 𝑀 = 0 (5.38) 

 

Equilibrium equations is defined as, in Nm 

 

𝐶𝑢𝑡 1 ∶ 𝑀1 = 3600𝑋, 𝑓𝑜𝑟  𝑋 < 92.5 𝑚𝑚 (5.39) 

 

𝐶𝑢𝑡 2 ∶ 𝑀2 = 1775𝑋 + 168.8, 𝑓𝑜𝑟  92.5𝑚𝑚 < 𝑋 < 868 𝑚𝑚 (5.40) 

 

𝐶𝑢𝑡 3 ∶ 𝑀3 =  −2204𝑋 + 3253.5, 𝑓𝑜𝑟  𝑋 > 868 𝑚𝑚 (5.41) 
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BMD for XZ is represented in Figure 5-28. 

 

 

Figure 5-28 BMD for XZ plane 

 

Weld is located at X ~ 187.5 mm from the left, where MY equals 501 Nm, obtained from the 

BMD. With the same procedure for YZ plane, BMD can be defined, as shown in Figure 5-29. 

 

 

Figure 5-29 BMD for YZ plane 

 

At 187.5 mm, MX equals 44.5 Nm in the YZ plane. Like the radial resultant forces on the 

bearings, there is also a resultant bending moment, i.e., max bending in the weld. Equation 5.42 

defines the resultant bending moment. 
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𝑀𝑟𝑒𝑠 = √𝑀𝑥
2 + 𝑀𝑌

2 ≅ 503 𝑁𝑚 (5.42) 

 

Note: X-axis in the diagrams does not refer to the X-axis in the representation of the three-

dimensional drum model. 

 

5.20.4 Shear force diagram (SFD) 

Taking advantage of the bending moment formulas, the shear force formulas can be found by 

taking the derivative of the bending moment formulas. Worth noting, the shear force diagram 

can be easily sketched by looking at the acting and reaction forces. In addition, since the shear 

forces are the derivative, they play the role as the “slope” in the moment functions. When having 

several loads, distributed loads etc., the derivatives (or the integrals) can be a clever way to define 

the bending and shear forces, as well as the deflections. 

Note: An example of a resultant shear force will be done at the weld location of the shaft. 

With shear forces defined as  

 

𝑉(𝑥) =  
𝑑𝑀(𝑥)

𝑑𝑥
(5.43) 

 

The shear force formulas for the XZ-plane can be written as 

 

𝐶𝑢𝑡 1 ∶ 𝑉1 = 3600, 𝑓𝑜𝑟  𝑋 > 92.5 𝑚𝑚 (5.44) 

 

𝐶𝑢𝑡 2 ∶ 𝑉2 = 1775, 𝑓𝑜𝑟  92.5𝑚𝑚 < 𝑋 < 868 𝑚𝑚 (5.45) 

 

𝐶𝑢𝑡 3 ∶ 𝑉3 =  −2204, 𝑓𝑜𝑟  𝑋 > 868 𝑚𝑚 (5.46) 

 

Equation 5.44, 5.45, and 4.46 can then be used to sketch the SFD for XZ-plane, represented in 

Figure 5-30. 
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Figure 5-30 SFD for XZ plane 

 

And the YZ-plane in Figure 5-31. 

 

 

Figure 5-31 SFD for YZ plane 

 

As before, resultant shear force at the weld can be written as 

 

𝑉𝑟𝑒𝑠 = √𝑉𝑋𝑍
2 + 𝑉𝑌𝑍

2 = 1273𝑁 (5.47) 
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5.20.5 Stresses at dimension change 

An imaginary cut can identify the materials reaction forces. BMD and SFD can aid to evaluate 

the loads at distance 113 mm from the driven pulley. The max moment was read to 370.3 Nm. 

Torsional moment will be the same as always, 430 Nm. The transverse shear force is neglected, 

due to its low shear stress contribution. Reaction forces can be represented with a small element 

at the maximum bending stress (equal absolute value for bending and compression), at the outer 

perimeter, shown in Figure 5-32. 

 

 

Figure 5-32 Max stress point due to torsional and max bending stress, represented with a small element 

 

y´-axis represents the max bending moment axis. For a shaft with change in dimensions, 

correction factor will be used to compensate for stress concentrations at the dimension change. 

For bending load, a stress concentration factor, Kbending, is set to 2.05 [15]. Max bending stress can 

be written as 

 

𝜎𝑏𝑚𝑎𝑥 =
𝐾𝑏𝑒𝑛𝑑𝑖𝑛𝑔 × 𝑀 × 𝑟

𝐼𝑦´
=

2.05 × 503000 × 20

𝜋 ×
204

4

= 164.11 𝑀𝑃𝑎 (5.48) 

 

And torsional shear force, with stress concentration factor Ktorsion of 1.55 [15], gives a corrected 

torsional shear stress 

 

𝜏𝑡𝑜𝑟𝑠𝑖𝑜𝑛 =
𝐾𝑡𝑜𝑟𝑠𝑖𝑜𝑛 × 𝑇 × 𝑟

𝐽
=

1.55 × 430000 × 20

𝜋 ×
204

2

= 53.01 𝑀𝑃𝑎 (5.49) 
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From the obtained stresses, von Mises yields 

 

𝜎𝑚𝑎𝑥
𝑣𝑀 = √164.112 + 3 × 53.012 = 188 𝑀𝑃𝑎 (5.50) 

 

Which results in a safety of 355/188 = 1.88. This gives more reason to apply a stronger material, 

such as 34CrNiMo6 for the shaft. It’s noted that there is a deviation between simulations and 

hand calculations. Matter will be discussed later. 

 

5.21 Fatigue and safety factor of drum shaft 

Fatigue has not been discussed thoroughly since the operation time is not that high for the 

manure hose system. HMR recommended a service life of 50 hours per year, for 10 years. For 

15 RPM, rotations will be 

 

10𝑦𝑒𝑎𝑟𝑠 × 50
ℎ𝑜𝑢𝑟𝑠

𝑦𝑒𝑎𝑟
× 60

𝑚𝑖𝑛𝑢𝑡𝑒𝑠

ℎ𝑜𝑢𝑟
× 15

𝑟𝑜𝑡𝑎𝑡𝑖𝑜𝑛𝑠

𝑚𝑖𝑛𝑢𝑡𝑒
= 450000 𝑟𝑜𝑡𝑎𝑡𝑖𝑜𝑛𝑠 (5.51) 

 

Initially, a specific point on the shaft will experience the highest von Mises stress. After a quarter 

turn, it will only experience the torsional shear forces i.e., minimum von Mises stress, illustrated 

in Figure 5-33. 

 

 

 

Figure 5-33 Minimum von Mises stress with only torsional stress 

 

After another quarter turn, it will again experience max von Mises stress. That gives enough 

parameters to calculate the cyclic stresses. From the last calculation, max von Mises stress came 

to 188 MPa. Minimum von Mises stress can then be defined as 
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𝜎𝑚𝑖𝑛
𝑣𝑀 = √02 + 3 × 53.012 = 91.81 𝑀𝑃𝑎 (5.52) 

 

Cyclic stresses will be 

 

𝜎 = 𝜎𝑚 ± 𝜎𝑎 (5.53) 

 

Where σ, σm and σa is stress, midrange/mean stress, and amplitude stress component, 

respectively, all based on von Mises. Midrange stress can be described as 

 

𝜎𝑚 =
𝜎𝑚𝑎𝑥

𝑣𝑀 + 𝜎𝑚𝑖𝑛
𝑣𝑀

2
(5.54) 

 

And the amplitude stress component as 

 

𝜎𝑎 = |
𝜎𝑚𝑎𝑥

𝑣𝑀 − 𝜎𝑚𝑖𝑛
𝑣𝑀

2
| (5.55) 

 

Combining Equation 5.52 to 5.55, cyclic stresses equal 

 

𝜎𝑣𝑀 = 𝜎𝑚 ± 𝜎𝑎 =  
188 + 91.81

2
± |

188 − 91.81

2
| (5.56) 

 

𝜎𝑣𝑀 = 140 ± 48.1 (5.57) 

 

For S355 material, a S-N diagram can decide on the shaft’s lifespan. The S-N curve is based on 

cyclic stresses i.e., amplitude stresses, where the mean stress equals zero. In this specific case, 

there’s no mean stress of zero.  

 

Using the Goodman rule, an equivalent amplitude stress can be obtained, that can be used for 

mean stress equal to zero. Goodman rule is defined as 

 
𝜎𝑎

𝜎𝑒𝑞
+

𝜎𝑚

𝑆𝑢
= 1 (5.58) 

 

Where σa, σm, σeq, and Su are the amplitude, midrange, equivalent amplitude and ultimate 

tensile stress, respectively. Solving for the equivalent amplitude stress 

 

𝜎𝑒𝑞 =
𝜎𝑎

(1 −
𝜎𝑚

𝑆𝑢
)

=
48.1

(1 −
140
510

)
= 66.3 𝑀𝑃𝑎 (5.59)

 

 

The equivalent amplitude stress can then be plotted into the S-N curve., reading off the shaft’s 

life cycle. New simulated cyclic stresses are visualised in Figure 5-34, compared to the actual 

stresses. 



84 

 

Figure 5-34 Cyclic stresses for a non-zero mean stress vs. zero mean stress, corrected with Goodman rule 

 

The equivalent amplitude stress should be lower than the fatigue stress limit. From a study at the 

Department of Materials Science Engineering, Ankara, a S-N curve for ST52 (similar 

specifications as S355) [32], was defined through experimental work. The fatigue stress limit came 

to ~204 MPa. This indicates infinite life, with a safety against fatigue at 204/66.3 = 3.08 for the 

shaft. 

 

5.22 Check engine shaft for loads.  

As the system experiences different load scenarios, this affects the hydraulic engine. A simple 

FEA will be done of a simulated engine model with an extended shaft. 

 

5.22.1 General analysis conditions 

• Engine bracket is fixed 

• Engine and bracket are bonded together. Assuming bolts and the flange will withstand 

the loads 

• Extended shaft and engine shaft are bonded together 

• Vertical weight force represents the gravitational force from the heaviest pulley, 25 N, 

acting at distance of 62.5 mm from the engine flange 

• Horizontal tension force represents the tensional force from the belt tensions, 3600 N, 

acting at 62.5 mm from the engine flange 

• Torque from ratio of 2.5, 172 Nm 
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5.22.2 MR315C engine – OD 25 mm 

Shaft and extender are set to the existing OD of 25 mm. Extended shaft is necessary since the 

pulleys needs a longer shaft to be properly fastened. Figure 5-35 shows that it experiences 

247 MPa, which is relatively high. As well as the loads acting on the shaft, the engine has internal 

parts like bearing(s), maybe some seals, and engine unit, that will experience reaction forces. Since 

belt tension force acts as the largest load, it should be considered lowering the belt tension force, 

especially if the plan is to keep the setup as it is. These types of pumps also have an optional shaft 

dimension of OD 32 mm, which lowers the stresses on the shaft, but not the reaction forces in 

the engine.  

 

 

Figure 5-35 FEA of hydraulic engine with OD 25 mm and belt tension of 1800 N per belt 

 

5.22.3 MR315CB – OD 32 mm 

Same engine can be delivered with a shaft OD of 32 mm [13]. It’s unknown if the shaft can be 

changed, or if a new motor must be invested in. If a new motor should be invested in, 

MR400CB [13] could be a better engine when turning at low speeds. 

 

The torque is the only load that will increase when increasing the load (or RPM). Further analysis, 

where the torque was increased by a factor of 4, the max von Mises stress resulted in 131.9 MPa, 
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illustrated in Figure 3-36. Torque shown in Figure 5-36 has been placed at the same location as 

the other acting forces.  

 

 

Figure 5-36 FEA engine with OD 32 mm, belt tension of 1800 N per belt, and four times 430 Nm torque 

 

Still, the reaction forces in the engine hub or internal parts, is a concern that needs to be 

addressed. In addition, the shaft extender also needs to be mounted to the motor shaft. Either 

way, a design for a (simulated) shaft extension is necessary. 

 

5.23 Bearing loads 

General assumptions 

• Bearing has both radial and possible moment loads I.e., needs to withstand moments 

• Pillow block bearing, suitable for its housing accessories 

 

According to SKF, there are two regular ways of dimensioning and choosing the right bearing 

type. Size selection based on rating life or based on static loads. Rating life represents the 

dynamic loads of the bearing. Dynamic loads results in rolling contact fatigue, leading to a correct 

rating life based on the expected operating conditions. On the other hand, fatigue is not the only 

concern. Slow rotations and static loads can cause plastic/permanent deformations, and requires 

static safety factor calculations, s0, for the bearing [33]. 
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Since the bearings will rotate under load at low speeds, the static load factors will be in focus. 

SKF states that RPM < 10 should be dimensioned by static load assumptions. If the bearing is 

design based on rating life (with low RPM), the dynamic load rating, C, would be very low. That 

would result in seriously overload in the slowly rotating bearing [34]. Bearings will be picked 

based on static loads. 

 

5.23.1 Bearing calculation for static load 

Table 5-20 summarizes and shows that the largest radial forces occur during scenario 2, where 

bearing A experiences the largest load. 

 

Table 5-20 Forces acting on bearing A and B for scenario 1 and 2 

 Radial X-forces [N] Radial Y-forces [N] Resultant force [N] 

Scenario 1 

Bearing A 

-1825 516.92 1897 

Scenario 1 

Bearing B 

2204 489 2258 

Scenario 2 

Bearing A 

-3814 4455 5865 

Scenario 2 

Bearing B 

214.8 4256.8 4262 

 

Further calculations will use the largest load, 5865 N, as a cornerstone for selecting the bearings. 

 

Choosing the correct bearing can be done with the aid of SKFs static load size selection [34]. For 

a static load scenario, selected bearing requires a basic static load rating, C0, that is larger than the 

equivalent static load, P0, multiplied with the static safety factor, S0.  

 

𝑃0 × 𝑆0 ≤ 𝐶0 (5.60) 

 

Where the equivalent static load can be written as 

 

𝑃0 = 𝑋0 × 𝐹𝑟 + 𝑌0 × 𝐹𝑎 (5.61) 

 

X0 and Y0 are the radial and axial load factors, respectively. In this case, the axial force Fa is zero. 

The radial force Fr stands. Since X0 is a factor less than 1, X0 will be neglected (or set to 1), so 

that. 

 

𝑃0 = 𝐹𝑟 = 5.87 𝑘𝑁 (5.62) 

 

Static safety factor is assumed S0 = 1 for this, based on some continuous loads, low vibrations 

and gravitational forces [34]. From Equation 5.62, the required static load rating for the selected 

bearing, will be 
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𝐶0 ≥ 5.87 × 1 = 5.87𝑘𝑁 (5.63) 

 

Existing pillow bearing has C0 of 1150 kg, which equals to 11.28 kN. 11.28 kN is within the 

requirements, with the highest S0 to be 11.28/5.87 = 1.92. Since the shaft analysis indicated 

generated a dimension change, a pillow block bearing with ID 40 mm is selected. 

SKFs SY 40 FM with C0 = 19 kN gives a reasonable factor of 

 

𝑆0 =
19

5.87
= 3.27 (5.64) 

 

5.23.2 Bearing load at two-dimensional tension force 

Recalling that the tensional hose direction has been set perpendicular to the drum, all axial 

bearing loads has been neglected. Figure 5-37 shows the worst-case scenario at an initial start, 

having an added axial load.  

 

 

Figure 5-37 Bearing loads if the hose where to pull at an angle 

 

The angle θ can be found from trigonometry based on the dimension of the drum 

 

𝜃 = tan−1 (
525 𝑚𝑚

1379 𝑚𝑚
) = 20.8 ∘ (5.65) 

 

Since T = 3979 N, radial and axial component is divided into 

 

𝑇𝐴𝑥𝑖𝑎𝑙 = 3979 × cos(20.8) = 3719.7 𝑁 (5.66) 

 

𝑇𝑅𝑎𝑑𝑖𝑎𝑙 = 3979 × sin(20.8) = 1413 𝑁 (5.67) 
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From this, the bearing radial forces can be identified. With the same procedure as before, a FBD 

for XZ gives the following parameters 

 

𝐴𝑋 = −2480 𝑁 𝑎𝑛𝑑 𝐴𝑍 = −1860 𝑁 (5.68) 

 

𝐵𝑋 = 293 𝑁 𝑎𝑛𝑑 𝐵𝑍 = −1860 𝑁 (5.69) 

 

The radial forces in XZ and YZ plane are highest at bearing A, resulting in a resultant radial force 

of 

 

𝐹𝐴 = √(−2480)2 + 5172 = 2533.3 𝑁 (5.70) 

 

From Equation 5.61, the equivalent static load [35] can be written as 

 

𝑃0 = 𝑋0 × 𝐹𝐴 + 𝑌0 × 𝐴𝑍 = 0.6 × 2533.3 + 0.5 × |−1860| = 2450 𝑁 (5.71) 

 

Where X0 = 0.6 and Y0 = 0.5 for single row ball bearing [35]. Two conditions must be met 

 

𝑆0𝑃0 ≤ 𝐶0 (5.72) 

 

1 × 2.450 ≤ 19 → 𝑂𝐾 

 

And 

𝐴𝑍 ≤ 0.5𝐶0 (5.73) 

 

|−1860| ≤ 0.5 × 19000 

 

1860 ≤ 9500 → 𝑂𝐾 

 

The new pillow block bearing meets the requirements and can be used. 
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5.24 Weld on the driveN shaft 

The shaft mounted through the drum plate (Figure 5-38) experiences loads that has not been a 

concern in the existing design. Consequence of this new design is the additional loads acting on 

the weld. It should be addressed whether it’s ok or not.  

 

 

Figure 5-38 Drum shaft with location of applied weld as of today vs. possible weld face 

 

General load consideration represented in Figure 5-39 

• Shear stress due to torque 

• Shear and tensile stress due to drum weight 

• Bending stress due to bending moment in the whole drum 

 

 

Figure 5-39 Representation of the drum shaft with its components 

 

430Nm 
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Weld is assumed to experience bending moment, torsional moment and shear stresses. By 

locating the shear and bending at the weld location, they can be combined with the torsional 

stress, expressing the equivalent stresses acting at the weld. 

 

5.25 Weld stresses 

Weld stresses will be based of the torsional moment, bending moment and the shear force at the 

point 187.5 mm, and shaft diameter of 60 mm. Weld leg will be set to 12 mm, which is the 

(regularly smallest) width of the plate. Weld throat will then be 

 

𝑎 = 𝑡 × 12 = 8.5 𝑚𝑚 (5.74) 

 

Note: weld is applied on the back side but has a possibility to be welded on the front. 

 

5.25.1 Max shear stress 

Average transverse shear stress due to shear force can be defined as 

 

𝜏𝑠ℎ𝑒𝑎𝑟 =
𝑉

𝐴
=

𝑉

2𝜋𝑟𝑎
(5.75) 

 

From the SFD, V equals 1273 N. Shear stress yields, with a radius r of 30 mm 

 

𝜏𝑠ℎ𝑒𝑎𝑟 =
𝑉

2𝜋𝑟𝑎
=

1273

2𝜋 × 30 × 8.5
= 0.80 𝑀𝑃𝑎 (5.76) 

 

Shear stresses due to torsion is 

 

𝜏𝑡𝑜𝑟𝑠𝑖𝑜𝑛 =
𝑇 × 𝑟

2𝜋𝑟3𝑎
=

430 × 103

2𝜋 × 202 × 8.5
= 9.0 𝑀𝑃𝑎 (5.77) 

 

Bending stresses due to bending will be 
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𝜏𝑏𝑒𝑛𝑑𝑖𝑛𝑔 = 𝜎𝑏 =
𝑀 × 𝑦

𝐼
=

503 × 103

𝜋 × 202 × 8.5
= 21 𝑀𝑃𝑎 (5.78) 

 

The max shear stress can be found by a vector resultant, treating shear and bending stresses as 

vectors. In 2D, Pythagorean theorem can be used to find the resultant (hypotenus) when the 

vectors act at a right angle (e.g., X-Y directions). Same principle can be used finding the resultant 

in a 3-dimensional state, where vector Ares can be written as 

 

𝐴𝑟𝑒𝑠 = √𝐴𝑥
2 + 𝐴𝑦

2 + 𝐴𝑧
2 (5.79) 

 

Figure 5-40 visualizes the stresses acting. 

 

 

Figure 5-40 Stresses in the shaft due to bending, torsion and shear force 

 

Threating every vector perpendicular to each other, as well as using max values, max shear stress 

can be written as 

 

𝜏max 𝑤𝑒𝑙𝑑 = √𝜏𝑠ℎ𝑒𝑎𝑟
2 + 𝜏𝑡𝑜𝑟𝑠𝑖𝑜𝑛

2 + 𝜏𝑏𝑒𝑛𝑑𝑖𝑛𝑔
2 = √0.802 + 9.02 + 212 = 22.86 𝑀𝑃𝑎 (5.80) 

 

As the maximum shear stress occurs at an angle of 45 degrees on the tensile surface (from simple 

tensile stress σ), the maximums shear stress at yield can be written as Re/2 [4]. From this, the 

safety factor is 177.5/22.86 = 7.33. There is no concern of material yield with these stresses. 
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5.25.2 Equivalent weld stresses 

From Härkegård [36], the equivalent stress can be found by looking at the throat plane of the 

weld. The same procedure of finding stresses due to bending and torsion are the same as before 

but has another way of finding the equivalent stress. 

The weld will experience bending, torsion and shear. Following equations is similar to the max 

shear stress method equations. Mean shear stress from calculations above are very low and will 

be neglected from this calculation.  

Stresses due to bending moment 

 

𝑡𝑥 =
𝑀

𝜋𝑟2𝑎
= 21 𝑀𝑃𝑎 (5.81) 

 

Axial stress vector, tX, comes from a simulated force acting on the throat plane in the horizontal 

direction of the element, shown in Figure 5-41. For a<<r, tX is assumed constant throughout the 

whole throat cross-section. 

 

 

Figure 5-41 Axial stress vector on the throat width [32] 

 

Stresses due to torsional moment 

 

𝜏∥ =
𝑇

2𝜋𝑟2
= 9 𝑀𝑃𝑎 (5.82) 
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τ║ represents the shear stress acting along the throat plane. The perpendicular weld plane stresses 

are 

 

𝜎⊥ = 𝜏⊥ =
𝑡𝑥

√2
= 4.58 𝑀𝑃𝑎 (5.83) 

 

Calculated stresses can be represented like Figure 5-42. 

 

 

Figure 5-42 Different stresses acting on the throat plane [32] 

 

The applied stress can be written as 

 

𝜎𝑒𝑞𝑢𝑖𝑣𝑎𝑙𝑒𝑛𝑡 = √𝜎⊥
2 + 3 × 𝜏⊥

2 + 3 × 𝜏∥
2 (5.84) 

 

Giving us 

 

𝜎𝑒𝑞𝑢𝑖𝑣𝑎𝑙𝑒𝑛𝑡 = 18.1 𝑀𝑃𝑎 (5.85) 

 

Allowable stress is defined as 

 

𝜎𝑎𝑙𝑙𝑜𝑤𝑒𝑑 =
𝑅𝑒

𝛾𝑚
=

355

1.15
= 309 𝑀𝑃𝑎 (5.86) 
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Where γm is a material coefficient, typically 1.0-1.15 for steel. Continuing on, the safety factor can 

be found by 

 

𝑛 =
309

18.1
= 17 (5.87) 

 

Which is within safety. 

 

5.26 Taper lock selection 

Table 5-21 shows specifications on some specific taper locks. Taper locks 3020-9W, with inner 

diameter of 40 mm and 2012-4F with inner diameter of 25 mm, are used for the drum and engine 

shaft, respectively. Looking at the drum taper lock, it can transfer 2712 Nm with a keyway. 

Without a keyway, only relying on clamping force, it can transfer between 480-600 Nm. By 

interpolating, a transmissible torque of 504 Nm for an OD of 40 mm. With 430 Nm load, safety 

factor will be 1.17. This seems a bit low but can act as a torque overload preventer. Safety factor 

with a keyway gives a safety factor of 6.3, which is higher than the shaft safety factor. 

 

Table 5-21 Specifications on taper locks [37] 

 

 

5.27 Final conclusion on the belt system 

After a discussion with HMR, a conclusion on belt and pulley sizes has been made. In many 

cases, theory can approximate the behaviour of a system in real life. As for this system, a lot of 

approximations have been made (especially in the early stage), which can cause a deviation from  
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the actual behaviour. At this stage, the design will carry on in the real world, using Figure 5-43 as 

a foundation. A prototype will be made and tested. For testing, requirements should be carried 

out for a successful test. 

 

Rubix could not deliver the 14M pulleys, due to lack of material in the global market. Even 

though the 8M with 85 mm belt width could be ordered, HMR thought it was “too chunky”. 8M 

belt with 50 mm belt width was then decided upon and ordered, even though it has a lower 

power rating than required. Decision has been made, and will work as an experiment, hoping that 

the low belt speed won’t be such a big “catch” as experienced through the theoretical work. 

 

To be noted: recommended maximum belt tension for static condition was calculated to be 

1800 N per belt. As Equation 5.30 is a function of belt speed (in the numerator), the low belt 

speed will give a high pre tensional force. The engine may not handle this. Engine won’t 

necessarily break due to high loads, but rather fatigue. A solution to this will be to start at a low 

belt tension and increase it for testing purposes, which is also an argument to proceed with the 

belt solution. 

 

 

 
Figure 5-43 Concluded belt setup 
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6. Design of belt tensioner 
 

6.1 Belt tensioner 

For this system, the two thought solutions for a belt tensioner was either with a tension idler, or 

by moving the engine. Together with HMR, adjustment by moving the engine was decided on. 

As for this, the belt mounting consists of two phases. First when C-C distance is small enough to 

mount a new belt, and second when the C-C distance is increased, meeting the desired belt 

tension. For this to happen, there should be a mechanism that increases and decreases the C-C 

distances, as well as holding the C-C distance under loads. Before starting the design, several 

challenges and needs should be met. 

• C-C distance interval, providing easy mounting and sufficient tension 

• Ability to change C-C distance in a linear direction, maintaining a straight belt track 

o Correct alignment between engine bracket and drum frame 

• Ability to fasten the engine bracket so it doesn’t slide (or lift itself) while under load 

• Ability to adjust the angle of the belt track, if necessary 

• Having sufficient distance between the drum itself and engine mount 

• Simple in use and to manufacture 

 

Belt tensioner will be divided into two main components, sliding plate and engine bracket. Sliding 

plate is stationary, responsible for the parallelism in the linear motion of the engine bracket 

relative to the frame. Engine bracket will hold the engine, having the opportunity to slide on the 

sliding plate, changing the C-C distance.  

 

With some consulting from HMR based on experience and knowledge, a design was worked out 

through some iteration and sketching. In addition, the design is not meant to be used in a mass 

production, but rather for testing purposes. Chapter 6.2 shows a quick simulation verifying that 

the design should hold. A more thorough work with analysis and calculations would be necessary 

if this was the final design on a commercial product. 

 

Note: Yellow markings on the following figures represents the welds. 

 

6.1.1 Sliding plate 

Sliding plate is built up by three components. Main base with slotted holes, flat bar with threads, 

and an angle bar. Main base provides a sliding surface (as well as friction surface) between the 

base and engine bracket and its slotted holes as a subordinate guide for the engine bracket. Base 

plate also has a small bend, resulting in a vertical plate surface, where the engine bracket will rest 

against. That will be the main guide for the engine bracket. Flat bar with threads will be 

responsible for the adjustment screw, separating the engine rotational axis from the drum’s 

rotational axis. Angle bar acts as a sideways adjuster for the engine bracket, as well as steering 

when mounting the engine bracket. The horizontal part of the angle bar also offers stability to the 
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angle bar itself, because of the weld attaching it to the flat bar. Figure 6-1 shows the final design 

of the sliding plate. 

 

 

Figure 6-1 Sliding plate for the belt tensioner mechanism 

 

6.1.2 Engine bracket 

Bracket has the engine mounted on it (vertical plane), sliding on the sliding plate. The two holes 

on the horizontal plane will be responsible for the location of the fastening bolts and nuts. These 

are located mostly for easy access purposes. Engine will be fastened with two bolts, threaded into 

the plate. The resistance plate will transfer the force from the adjustment screw into sliding 

motion on the engine bracket. Figure 6-2 shows the final design of the engine backet. 

 

 

Figure 6-2 Engine bracket for the belt tensioner mechanism 
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6.1.3 Belt tensioner final design 

When the sliding plate has been welded onto the frame, the engine bracket can then be slided 

into it. The implementation of the tensioner mechanism is through welding the sliding plate onto 

the frame. Mounting procedure is important since the sliding plate needs to be parallel with the 

frame, where larger angle deviations can cause unnecessary installation work and/or belt wear. 

Details about positioning is described in the technical drawings, located in Appendix B. 

Figure 6-3 shows the thought sliding plate and engine bracket, engaged, where the sliding plate 

has been welded onto the frame. 

 

 

Figure 6-3 Tensioning mechanism located on the frame 
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Following figures, 6-4, 6-5 and 6-6 shows the implementation of the tensioner mechanism into 

the main drum and frame assembly.  

Note: Weld is not visible on following figures. See Appendix B for technical drawings. 

 

 

Figure 6-4 Implementation of tensioner mechanism 

 

 

Figure 6-5 Implementation of tensioner mechanism 
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Figure 6-6 Implementation of tensioner mechanism 

 

6.2 Belt tensioner analysis 

After finishing the belt tensioner mechanism design, a simple simulation was executed. Same load 

scenario for the engine analysis, with the following boundary conditions: 

• Engine bracket and sliding plate could separate, meaning the bolt and nut where 

simulated to keep the bracket and sliding plate together 

• Engine bracket and engine could separate, meaning the engine mount bolts where 

simulated to keep the bracket and engine together 

• Sliding plate had its bottom plane fixed to any movement 

• Engine bracket could lift off from, but not slide relative to the sliding plate 

• Clear red area defines stresses above 80 MPa 

Figure 6-7, 6-8, and 6-9 shows the loads acting and some of the stresses that where more 

interesting than others.  
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Figure 6-7 Loads acting on the shaft 

 

 

Figure 6-8 FEA of engine bolts 
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Figure 6-9 FEA of engine bracket fastening bolts 
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6.3 Final belt transmission design with belt cover 

After a review on the taper lock and pulley mounting for the engine shaft, where the engine shaft 

needed an extension, a new design was worked out. Figure 6-10 illustrates the transparency of the 

pulley and taper lock, showing the spacer fitted to the keyway. An additional flange was made, 

tightened to the engine shaft, ensuring the taper lock and pulley being adequately fastened to the 

shaft. This safety measure also compensates for a deviation in the engine shaft length (shorter 

shaft) or an extended spacer. 

 

 

Figure 6-10 Taper lock mounting for smaller pulley and engine shaft 

  

After finalizing the tensioner mechanism, the whole assembly was put together, making up the 

final design. Belt cover was designed as a simple cover with hinges. Figure 6-11 shows an 

example of how the EHS-scenario could be solved, by adding belt covers. Spacers was a necessity 

to obtain correct mounting of the pulleys and taper locks. Figure 6-12 shows the foundation for 

the prototype going into manufacturing. 
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Figure 6-11 Final belt and pulley assembly 

 

 

Figure 6-12 Full assembly and final design, foundation for the prototype  
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7. Production and testing 

 

Table 7-1 shows the specifications of the belt system ordered and used for the prototype. 

 

Table 7-1 Overview of the chosen system specifications 

Specs 8M belt specs 

Ratio 2.8 

Z1 40 

Z2 112 

RPM engine 14 

Pitch Diameter smallest 101.86 (with flange) 

Weight smallest [kg] 1.34 

Pitch Diameter largest [mm] 285.21 (without flange) 

Weight largest [kg] 13.07 

C-C [mm] 891.3 

Material Steel 

Belt width [mm] 50 

Power rating [W] 5RPM 219.2 

Installation specs 8M belt configuration 

S – Belt span [mm] 890.57 

δ – Mid-belt deflection [mm] 17.81 

Ft – Installation tension [N] [75, 180] 

Tst – Max Static tension pr. 

belt [N] 

1800 

Belt type Length [mm] 

HTD-2400-8M-50 2400 

Pulley type Taper bushing Type ID [mm] 

40-8M-50 2012 4F 25 

112-8M-50 3020 9W 40 

 

Pictures from the production, prototype and testing, are all found in the Appendix A. 
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7.1 Flow of technical drawings 

Appendix B shows an overview of the technical drawings to be used for prototyping. HMR has 

their own way to arrange the different assembly drawings and single-part drawings. Every 

assembly is named AX00, where A stands for “assembly”, and X is the assembly number. Every 

part is named PX00, PX01, PX03 and so on. P stands for “part”, X for the assembly number, 

and 01, 02, 03 etc. for part number within the specific assembly. After every assembly drawing, 

the associated part drawings are listed. Standardized parts are not drawn. Some assemblies can 

have other assemblies within it, as well as parts that originates from other assemblies. In light of 

using the same part names and descriptions, it’s less chance for confusion. The goal will be to 

have a complete overview which is easy to follow, not just for the engineer, but also for the 

mechanic making the parts, as well as assembling the prototype. 

 

7.2 Prototype testing 

Since the thesis is written in Stavanger and production takes place in Voss, frequent 

communication and meetings makes sure there are no misinterpretations regarding the parts, 

assemblies, and the prototype itself. Daily updates from HMR have provided insight, with 

constructive opinions and reviews on the design work. 

 

A running test was done and successful, where the behaviour of the belt (tracking, slack, 

alignment etc.), engine and engine mount, and the whole prototype was investigated. Testing was 

executed without any external loads, looking at how well the prototype was acting. For future 

testing, where external loads are added, testing criterions from Chapter 7.4 can be implemented.  

 

For the prototype testing, drum rotated with a constant of ~8.5 RPM, which is within the 

anticipated RPM and indicated to be close to the actual RPM. Belt tension was based on the mid-

belt deflection, which came to ~10 mm, compared to the theoretical max deflection of 

17.81 mm. Adjustment screw came to less than 20 Nm when tightening. Belt had little to no 

tracking but was located more to the one side than the other at both directions. Adjustments 

were made so that the belt would run with minimum tracking. 

 

The engaging of the belt drive went smooth and without any lag or abrupt motion. That is an 

improvement from the old chain and sprocket system. As the engine starts turning, the belt will 

tension up before transferring movement, making the acceleration smooth. In addition, most of 

the noise arose from the engine, where the belt ran very quiet. In the end both the engine and 

belt were running fine. This may not be the case under actual loads. 

  



108 

7.3 Testing Criteria 

As the prototype is tested, criterions can be a way to determine if a test has been successful or 

not, or at least avoid scenarios that can lead to an unsuccessful test. Matrix in Table 7-2 can be 

used as a check list when running a test, either with or without loads. After all, a test with loads 

acting is more interesting than without. 

 

Table 7-2 Criterions and check list for testing 

Area of interest OK Not OK Comments If not OK 

Belt is not 

slipping or 

ratcheting 

   Check tension 

and alignment 

Belt should not be 

self-tensioning 

   Increase 

tension if 

possible 

Angular and 

parallel alignment 

   Adjust or 

define possible 

design changes 

Signs of wear    Adjust or 

define possible 

design changes 

Motor condition     

Tensioning 

mechanism 

   Define 

problem and 

possible 

solutions 

Any mechanical 

issues like 

vibration, 

deflection etc. 

   Define 

problem and 

possible 

solutions 

Other…     
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Data can be gathered to improve and get an estimate towards a more optimal system installation. 

There are two parameters that should be obtained from the test, which is the actual rotations of 

the drum, and the torque applied to the tension adjustment screw. Table 7-3 can be used to track 

different tests with different belt adjustment scenarios, as well as RPMs. 

 

Table 7-3 Gathering data 

 RPM Torque on adjusting screw [Nm] 

Test 1   

Comment 

 

 

  

Test 2   

Comment 

 

 

  

Test 3   

Comment   

Test 4   

Comment   

Test 5   

Comment   

Test 6   

Comment   
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8. Discussion and conclusion 
 

8.1 Deviations in required power 

As the thesis has a very theoretical approach, especially the loads, it is uncertain how accurate the 

load estimate is. Even though they can be very approximate, several small errors can result in a 

larger deviation in the result. Coefficient of friction can vary depending on the field surface. 

Rotations of the drum has also been an estimate which is based on common sense, and not on 

investigation. The way the hose is laying, either in a straight path or e.g., a snake formation, may 

influence the required power to wind it onto the drum. Some fields are elevated relative to the 

horizontal, which may increase the requirements, if the hose where to be dragged uphill. All these 

factors may not have a big influence on its own, but rather resulting in a bigger deviation when 

they are combined.  

Since the manure hose is the main resistive force that the systems need to overcome, it’s hard to 

tell if the highest tensional load occur at the initial spooling phase. It makes sense that the tension 

decreases as the hose gets winded up, but at the same time, the radius of the drum increases. An 

increased radius leads to a larger moment arm. It could be further investigated whether the 

torque has a peak or not after some amount of drum rotations. For this thesis, it has been 

considered highest in the initial phase. 

To solve these uncertainties, the estimated hand calculations could be replaced with actual field 

tests, particularly by measuring hose tension. By implementing a measuring device (e.g., a load 

cell, spring device), which reads axial loads in either compression or tension, an accurate reading 

of the acting tensional load would be obtained. Several field tests could be completed, with 

different elevations, hose layout and so on. Adding a torque cell on the engine output shaft, 

would further simplify, but requires a bit more work implementing it. It’s hard to tell how close 

the theoretical approach is, compared to the real-life behaviour. 

 

8.2 Deviations in drum shaft hand calculations 

When comparing the hand calculations up against the FEA done with Inventor, it was observed a 

deviation of ~90 MPa, which is a lot. If the hand calculations would have been done without the 

correction factors, the deviation would equal 0.4 MPa, which is incredibly close to the results 

from the FEA. More thorough research on understanding the FEA stresses is crucial. There are 

two thought scenarios for this to happen. First will be the main setup of the forces and boundary 

conditions for the simulation. Having even a single boundary condition wrong can lead to terribly 

wrong values. Hopefully, this is not the case. Second could be the mesh setup. When simulating, 

the mesh is set to a specific value, which makes the simulation comfortable in terms of waiting 

time. Mesh is typically increased (by decreasing the size of the partial elements) at more 

interesting and crucial locations, like a fillet. It could be that the mesh should have been finer 

with smaller elements, resulting in a more correct result. 
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After all, a more thorough calculation review could have been followed up with. It is not said that 

the hand calculations could have had some errors in it. 

 

8.3 Safety factor 

Safety factor was set to be between 3 to 4. Originally, the safety factor should be decided over in 

the very start, which would be followed through the whole design process. When deciding upon a 

decent safety factor, an investigation/survey should be led out, defining the majority of who’s 

buying the product. It could make sense that the safety factors for private use is higher than for 

industrial use, since in private, some (or many) customers doesn’t read the manual, or maybe 

exposes the product for higher loads than it can handle. To avoid consequences like injuries and 

accidents, a higher safety factor can be implemented. In the industry, there are more regulations 

and strict rules for tools and their purposes, which may result in a safety factor lower than the 

private. A good an easily readable “Safety and use”-manual is a good way to ensure that the 

customer is within the boundaries of the product and should be implemented in the future. 

 

8.4 Better research on existing solutions on the market 

More research on existing drum setups and systems on the market would be preferrable before 

starting the project. Having an overview over existing solutions, either a drum setup or a similar 

mechanical principle, could have given more inspiration on how to solve and propose a new 

design. Knowing how others solve problems and maybe their product weakness, a new product 

can be made which eliminates that weakness, while keeping up the quality. A product market will 

most likely have some issues, weaknesses, or any other challenge, that can be identified and 

worked out in a new prototype. 

 

8.5 Engine analysis and belt tension force 

Generally, the system has been analysed with the theoretical loads, but also max recommended 

static belt tension of 1800 N per belt. If the max tension where to be used, 3600 N would act on 

the engine shaft, which most likely would lead to fatigue in either the shaft, or internal parts. It’s 

hard to determine how the forces will influence the engine house and internal parts. For that, 

complementary bearings on either side of the smaller pulley could be practiced, lowering the 

reaction forces in the engine. As the system is designed with an adjustable engine bracket located 

as close to the smaller pulley as possible, tension force can be adjusted to a sufficient value and 

simultaneously decreasing the bending moment due to horizontal pulley reaction forces.  

 

8.6 Low belt speed and formula range 

A challenge in the theoretical aspect of the belt selection has been the low belt speed. For both 

V belt and synchronous belt, the low belt speed has given some challenges, especially on the 

power ratings. As recalled, a synchronous belt was picked, but with a lower power rating than 
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required. Further on, physical testing would rather determine if synchronous was a wrong 

decision, or if the belt chosen is feasible for its intended use. In addition, the required belt life 

span is long in terms of years, but not in terms of working hours, assuming that it will last out the 

entire 10 years. 

 

8.7 Torque overload mechanism 

In the proposed design, keyway is used on the smaller pulley, ensuring that it will transfer the 

torque required. Simultaneously, the larger pulley is mounted without a keyway, where the torque 

transmitted only relies on the clamping force from the taper lock. A solution like that is a simple 

way to implement a torque overload mechanism to the belt system, without introducing more 

components. Recalling the safety factor of 1.17 between the permissible torque relative to the 

torque acting, which is lower than the other safety factors, the taper lock will slip before anything 

breaks (theoretically). Overload scenario is not something that is meant to happen but must be 

considered. Or at least having a fail-safe design, which causes rest of the equipment (or even the 

environment and people around) minimal to no harm. Better to have a slipping belt pulley than 

an unattached drum due to shaft failure.  

 

8.8 Cost and product value 

Cost comparison is based on the power transmission only, looking at the old and new design 

separately. Table 8-1 shows a comparison between the old and new design total cost, where the 

new design is ~5000,- more expensive. Yellow markings indicate the total costs for production, 

components and the total power transmission cost. Unfortunately, there was no specific plan on 

separating into specific types of cost (for each part produced etc.), so it will be the sum of parts 

that will be compared. Looking at the new part, the production hours contain all the hours spent 

on manufacturing and assembling, but with no material cost. Components are all purchased parts 

and the estimated material cost is based on today’s prices. Looking at the old system, some of the 

parts may not be included, e.g., drum shaft. The drum shaft is most likely enclosed to the main 

drum cost, which is not represented in Table 8-1 (left side). In addition, the old system is based 

on a mean part cost, where there is more production volume hence making the produced parts 

cheaper than producing a single one. 
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Table 8-1 Cost comparison between the new and old design 

Production (including 

material cost) 

Old system 

[NOK] 

 Production (excluding 

material cost) 

New system 

[NOK] 

Engine sprocket 557.8,-  Production hours  4485,- 

Engine bracket 1277.7,-    

Bearing mount 367.0    

Engine bracket shaft 328.1    

Total production and 

material cost 

2530.6,-  Total production cost 4485,- 

Components Old system 

[NOK] 

 Components New system 

[NOK] 

Hydraulic engine 2140  Hydraulic engine 2140,- 

Bearings 1140  Belt drive components 2592.5,- 

   Bearings 1323.5,- 

Total component cost 3280  Total component cost 6056,- 

   Estimated material cost 200,- 

     

Total power 

transmission cost 

~5811,-  Total power 

transmission cost 

10 741,- 

 

Rather than looking at the direct unit cost, it may be more relevant to look at the bigger picture 

of it. That would be how purchased parts affect the production and assembly line at HMR, does 

the cost change as the production volume increase, time reduced with increased production 

volume, time reduced/increased with new design, and does the new design make up for the extra 

cost etc.  

 

By increasing the production volume, the cost per product will decrease. Some reasons can be 

that ordering bigger batches is often cheaper, both production and assembly speed up due to 

more experience, and some parts can be welded with the aid of a welding jig. After some time, 

the cost will decrease to a certain value. HMR also mentioned that the assembly of the new 

prototype took less time than before, as well as parts to produce. This is time (and money) saved, 

which can be spent at something or somewhere else. It’s also worth mentioning that the first time 

producing a new part or product will always take more time than the next time producing it.  

 

In addition, the belt cover hasn’t been taken into account, making the total cost of the new 

design a bit higher. Hopefully, the extra cost observed in the comparison (assuming it’s close to 

right) will decrease as the volume increases. If it stays more expensive, it’s rather a matter of 

looking at the value of the new design. Has it eliminated previous challenges in both production 

and usability? Does the customer appreciate the new design more than the old design? To 

determine whether the design is worth it comes down to several factors than just cost, which is 

something HMR needs to consider if they plan to switch designs. 
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8.9 Too much workload for one person? 

Reviewing the past couple of months, errors has been identified due to some lack of knowledge 

within certain subjects, or solutions has been found quicker than preferred. After all, that is the 

process of design work. It should not be perfect at the first try. Sometimes decisions must be 

made, even if it doesn’t feel like the best decision. Learning the hard way can often be the best 

way to learn, as long as it doesn’t occur at every work phase. 

Throughout the thesis, it was realized that there has been more work than originally thought. 

Working hours has not been exaggerated in specific periods, but evenly distributed over five 

months. Having continuous work for five months, where it’s mostly theoretical work, the thesis 

and its content expands at a fast pace. Simultaneously, it was important that the whole process 

was thought through and documented. Especially for the design work. It has been hard to 

balance between quantity and quality. A lot of sketching and calculations has been excluded from 

the thesis, as a thought of keeping the most relevant content towards a new design. Even though 

the workload has given a huge quantity of information, it has been done with the mindset of 

thinking quality, or at least common sense.  

All in all, having several people on the project vs. having a single person is more a give and take 

scenario. It may result in better quality, but less overall knowledge per person. You win some, 

you lose some. 

 

8.10 Further Development 

If the prototype looks promising and has the potential to be further developed, a revision of it 

can identify further possible improvements. Following sub-chapters would identify some key 

points to look at if the prototype got potential. 

 

8.10.1 Belt Cover 

For prototyping, belt cover has not been in focus, due to lack of time. If HMR decides to use a 

similar setup, a belt cover is necessary to cover the basic EHS of mechanical (moving) 

components. It’s also preferable to know that the system is working and having identified 

possible improvements, before any cover design is worked out. 

 

8.10.2 Testing with realistic loads 

HMR impressed with how quickly they built the prototype, even in a hectic period. Afterwards, a 

test was executed, driving it in both directions. The test showed a functional power transmission 

system, with very little further adjustments. As the time ran out, no actual load testing was 

completed. For further testing, it would be exciting to see how the prototype would act under 

realistic loads. Both Table 7-3 and 7-4 can aid in executing a successful test, with data regarding 

actual RPM and belt tensioning. Knowing that a product is functional before selling it, is alpha 

omega. 
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8.10.3 Long term prototype testing 

Having physical tests are an effective way to determine how well the design is working. 

Depending on the test, it may not serve actual feedback on its life span and useability for the 

customer. A way to actually get relevant feedback, would be to deliver or sell the prototype at a 

lower price than the original. In that way, an external unbiased view of the prototype can give 

feedback along its service life, as well as using it for all kinds of scenarios. It is also important to 

know at what extent it may fail, and why. 

 

8.10.4 Challenges within the production stage 

As an engineer, knowing how the production process takes place is a vital knowledge. Having an 

ongoing communication with the production crew is an easy way to avoid complications of 

producing non-feasible parts and products. It’s essential that each part is revisited and looked at, 

deciding whether it leads to a good manufacturing practice or should be changed. 

As an example, welding makes it easy to join the several parts, as for the engine bracket and 

sliding plate. As a consequence, the assembly experiences a lot of heat which may change the 

structure of the metal, but also the geometry and required tolerances between working parts. It 

should then be investigated if the setup works as it is, or if the welding has an unwanted effect on 

the performance. If the setup works fine, the production of it should be looked into. Are the 

parts hard to manufacture without error? Is the preparational work very time consuming for 

welding? Can a weld jig decrease the time consumed at the welding process? Or even, is there 

another solution besides welding? 

Parts should be easy to understand, make, assemble and replace. That is important for the 

engineer and the manufacturing worker, but also the customer using the product. It should be 

aimed towards the customers (farmer in this case) opportunity to troubleshoot and maintain. 

 

8.10.5 Investigate other belt types 

Through the design process, more knowledge about belt types has been obtained. As the 

obtained design manual wasn’t up to date, PowerGrip HTD belt was picked in front of e.g., 

PowerGrip GT3. It has been observed that PowerGrip GT3 can replace the HTD, with up to 

two times the rating. It is also said to be suited for performance upgrades on existing drives [38]. 

As the design process had many factors within it, there was less time than expected when it came 

to figuring out each step. If synchronous belt seems like a feasible solution, more investigation 

should be done regarding an optimum belt type. Generally, more knowledge about belt drives 

should be obtained before making decisions. 

It should also be mentioned that V belt could be investigated more thoroughly than it was but 

seemed unlikely to be used when the design process encountered the low belt speed condition. 
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8.10.6 Pillow bearing and moment loads 

As the drum shaft increased in diameter, the pillow bearings were replaced with new ones 

suitable for the additional load and size change. Originally, the pillow bearings aren’t meant for 

moment loads. The moment loads may not be a determining factor on the life span of the 

bearings but has not been researched thoroughly either. The original design used pillow bearings 

and have had that design for many years without negative feedback. It was therefore feasible to 

scale it up and add new ones. If the prototype testing shows that there is a need for bearing 

replacement, new bearings should be picked out with care, taking the moment loads into 

considerations. It also depends on the reason for replacement. It may be other factors. 

 

8.10.7 Belt tensioner 

Since the belt tensioner mechanism was designed for testing purposes, a review and more 

thorough work should be done on it. At first, the engine bracket was thought to have more 

machined surfaces with steering pins and slots, making the linear movement as straight as 

possible. Downside would be having less adjustment opportunity in e.g., sideways adjustment. It 

should be considered having more machined surfaces if the rest of the system is straight. If there 

are some misalignments between the pulleys, it should be eliminated in a new design, or stay with 

a design that gives the opportunity to adjust it manually (as of now). 

The tensioning mechanism served its purpose, and the tensioning screw worked as it should. An 

improvement regarding the screw, would be to add a ball and socket base which the screw would 

push on, minimizing the friction and wear on both screw and resistance plate. With less friction, 

the torque induced to the adjusting screw is more accurate towards the belt tension. 

The design may be good enough as it is, even for an actual product. Downsides of the worked-

out design would be all the material used to make a tensioning mechanism when a tensioning 

idler could have been used. In addition, a great amount of weld could be reduced by adding a 

tensioning idler. If the principle of separating the two rotation axes is maintained, other designs 

and solutions (like bolts instead of welds) could be investigated, or just making an improved 

version.  
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8.11 Conclusion on the belt design 

The synchronous belt design turned out to be feasible and easy to work with. More or less, the 

whole power transmission setup was redesigned, where a belt cover was added in the design to 

keep up with the basic EHS. The belt had minimal signs of tracking and ran fine. Belt tensioner 

mechanism worked for its intended use. Even though the tensioner design seemed close to a 

working solution, it should be revised and improved. The largest pulley was mounted with 

clamping force only, having the opportunity to slip on the drum shaft for overload protection. In 

that way, an actual torque overload device was eliminated, which also acts as a safety measure for 

other components in the system.  

Ratio between the engine and drum was reduced, but within the engine’s capacity. How the 

engine will act under load has not been identified. Even though the engine meets the power 

capacity, internal reaction forces can be a factor that generates new challenges. Complementary 

bearings have been mentioned to reduce the reaction forces which may intensify the design work. 

Engine was not replaced for this design and should work as it is. For further suggestions, the 

engine can be replaced with minimal change in design.  

All the hours on the design process paid off as there was little complications making the 

prototype in physical form. It was also observed that purchased parts decreased both the 

assembly time and the number of produced parts. In addition, a lot of welding was eliminated as 

a result of replacing the chain and sprocket setup. Cost comparison showed a more expensive 

solution for the new design, which is assumed to decrease as the production volume increases.  

Did it eliminate challenges from the old design? Yes, it did. The new design came with many 

advantages. Need of lubrication was eliminated, slipping was eliminated, smooth engaging was 

obtained, easier to replace parts and more cost effective towards the user, as well as a belt cover 

was added. The design had no exaggerated cost and was made simple, with an aim towards low 

maintenance. Speaking of maintenance, it was a big improvement knowing that the belt can be 

changed while keeping the pulleys, which eliminates meshing problems. In addition, changing 

belt does not require the owner to detach the drum, as it would require if the chain where to be 

replaced.  

Future work will come down to testing and improving the current design. That will also give an 

indication on how well it may work. As the thesis is very theoretical, it is important to figure out 

how comparable the theory and the real-life are. To declare its functionalities and further 

development, it needs to be tested for validating its use. The goal would be to get a proper 

prototype ready for sale. 
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Appendix A – Pictures from the production 

Appendix A includes an extended number of pictures from the production, as well as some of 

the prototype.  
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Appendix B – Technical drawings 

Appendix B shows technical drawings that was made to manufacture the prototype. 
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Appendix C – Design Manual 

First page has some general information regarding the PowerGrip HTD [30]. The rest contains 

the most relevant pages from the design manual for synchronous belts used in this thesis [6]. 
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